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Abstract

In this research work, in-tube condensation in the presence of air is investigated experimentally for
different operating conditions, and inhibiting effect of air is analyzed by comparing the experimental data of
air/steam mixture with the data of corresponding pure steam cases, with respect to temperature, heat flux, and
heat transfer coefficient. The test matrix covers the range of; P=2-6 bar, Rev=45000-94000, and Xi=0%-52%.
The inhibiting effect of air manifests itself as a remarkable decrease in centerline temperature (10 °C-50 °C),
depending on inlet air mass fraction. However, the measured centerline temperature is suppressed compared to
the predicted one, from the Gibbs-Dalton Law, which indicates that the centerline temperature measurements are
highly affected by inner wall thermal conditions, possibly due to narrow channel and high vapor Reynolds
number. Even at the lowest air quality (10%) the reduction of the heat flux is 20% while it reaches up to 50% for
the quality of 40%. Maximum percent decrease of the heat transfer coefficient was observed in runs with the
system pressure of 2 bar; 45% and 65%, for the air mass fraction of 10% and 28%, respectively.

1. INTRODUCTION

The introduction of nuclear power becomes an attractive solution to the problem of
increasing demand for electricity power capacity in Turkey. Thus, Turkey is willing to follow
the technological development trends in advanced reactor systems. A part of our long term
research and development efforts is planned to concentrate on passive cooling systems. The
primary objectives of the passive design features are to simplify the design, which assures the
minimized demand on operator, and to improve plant safety. The research on passive systems
mainly comprises the computer code assessment studies and includes the applications for both
old and new generation reactor systems. To accomplish these features the operating principles
of passive safety systems should be well understood by an experimental validation program.
Such a validation program is also important for the assessment of advanced computer codes
which are currently used for design and licensing procedures. The condensation mode of heat
transfer plays an important role for the passive heat removal applications in the current
nuclear power plants (e.g. decay heat removal via steam generators in case of loss of heat
removal system) and advanced water-cooled reactor systems. But it is well established that the
presence of noncondensable gases can greatly inhibit the condensation process due to build-up
of noncondensable gas concentration at the liquid/gas interface. The isolation condenser of
passive containment cooling system of the simplified boiling water reactors is a typical
application area of in-tube condensation in the presence of noncondensable gases. An
experimental study which could enable us for the fundamental investigation of condensation
in the presence of air was planned in cooperation with the Mechanical Engineering
Department of the Middle East Technical University (METU), Ankara, in the frame of a
project between the Turkish Atomic Energy Authority (TAEA) and METU. The project is
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partially sponsored by the International Atomic Energy Agency (IAEA) under the Coordinated
Research Program (Contract No: 8905/RO) which is entitled "Thermohydraulic Relationships
for Advanced Water Cooled Reactors". The experimental program covers a wide range of
steam and steam/air mixture flow rates under forced convection conditions and has the
purpose to investigate the inhibiting effect of air on steam condensation process.

2. DESCRIPTION OF THE METU CONDENSATION TEST FACILITY

The test facility, named as METU Condensation Test Facility (METU-CTF), was
installed at the Mechanical Engineering Department of METU [1]. The experimental
apparatus consisting of an open steam or steam/gas system and an open cooling water system
is depicted in the flow diagram of Figure 2.1.
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FIG. 2.1. The flow diagram of the METU-CTF.

Steam is generated in a boiler (1.6 m high, 0.45 m ID) by using four immersion type
sheathed electrical heaters. Three of these heaters have a nominal power of 10 kW each and
the fourth one has a power of 7.5 kW, at 380 V. All the heaters can be individually controlled
by switching on or off. One of these heaters, i.e. the one with 7.5 kW power, is connected to a
variac for continuous control of power. The boiler tank was designed to withstand an internal
pressure of 15 atm (at T=20 °C) and was tested at this pressure. The maximum operating
pressure of the tank is 10 atm. To ensure dry steam at the exit of the boiler, a mechanical
separator directly connected to the exit nozzle was installed. However, electrical pre-heating
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with three heaters (0.5 kW per heater) is also available .at the entrance of the test to increase
the temperature of steam, so that steam is guaranteed to be 100% dry. The boiler tank was
thermally insulated to reduce environmental heat loss.

Compressed air can be supplied either to the boiler tank (directly to the water) or to the
steam line via a nozzle (after the orifice meter) on the horizontal part of the pipe which
connects the boiler and the test section. Preference was given to the first method, i.e. injection
to the boiler, during most of the experiments since system behavior is more stable compared
to the second method, when air mass flow rate is increased. When air injection was performed
by the second method (to the horizontal piping), air injected passes through the preheating
section so that local steam condensation was avoided at the entrance of the test section due to
thermal inequilibrium of steam and air.

The pipe connecting the boiler tank and the test section has a length of approximately
2 m and an ID of 38.1 mm. The pipe was connected to the boiler tank via an isolation valve.
This isolation valve (38.1 mm ID) is used to isolate the boiler until inside pressure of the tank
is increased to a pre-determined level. The measurements performed on this part of the
experimental facility are: mass flow rate via a differential pressure transmitter and
temperature. There are three electric heaters (0.5 kW each at 220 V) installed to the horizontal
part of the piping between the orifice meter and the test section. The pipe connecting the
boiler and the test section was thermally insulated.

The test section is a heat exchanger of countercurrent type, that is steam or steam/gas
mixture flows downward inside the condenser tube (inner tube) and cooling water flows
upward inside the jacket pipe (outer pipe).

The condenser tube consists of a 2.15 m long seamless stainless steel tube with 33/39
mm ID/OD and is flanged at both ends with sealing materials. The condenser tube was
flanged to the inlet (33.5/42.6 mm ID/OD) and exit (33.5/42.6 mm ID/OD) pipes of the test
section. The total length of the inlet pipe from the horizontal part of the pipe section down to
the condenser tube is approximately 33 cm (10 x d;, where d; is the inner diameter of the tube)
and this length is long enough for the mixture flow to become fully developed before entering
the condenser. It should also be noted that some uncertainties (such as irregular film
development or dropwise condensation) associated with the liquid film development at the
entrance of the condenser tube are expected to occur in this development region since the
entrance region was not thermally insulated. A pressure measurement port was located at the
vertical part of the inlet pipe flanged to the condenser tube. A total of 13 holes (1.5 mm
diameter) were drilled with an angle of 30° at different elevations along the condenser tube
length to fix the thermocouples for inner wall temperature measurements. The condenser tube
was tested at 10 atm pressure to check that inner wall of the tube was not pierced during the
drilling process. The outlet of the condenser tube is connected to a tank via exit part of the test
section. This tank is used to keep the system pressure at a constant level by controlling the
flow rate of steam or air/steam mixture through a valve connected to the tank. The measured
parameters at the exit of the test section are pressure and temperature.

The jacket pipe surrounding the condenser tube is made of sheet iron and has a length
of 2.133 m and 81.2/89 mm ID/OD. The cooling water is supplied via a nozzle which has
been welded on the jacket pipe. Similarly, cooling water outlet consists of a nozzle which is
connected to the building water discharge system. Inner diameter of all these nozzles is 12.7
mm. A total of 15 holes (1.5 mm diameter) were drilled radially at different elevations for
installation of the thermocouples to be used for cooling water temperature measurements. The
measured cooling water temperature is used to determine heat flux profile along the annulus
region. The jacket pipe was thermally insulated to reduce environmental heat losses.
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3. EXPERIMENTAL TEST MATRIX

The experimental test matrix [1] consists of two parts: pure steam runs and air/steam
mixture runs. It is to be noted that the mass flow rate measurement was performed by using a
differential pressure transmitter (orifice meter) so that in each set of experimental run,
differential pressure, rather than mass flow rate, was set to an almost constant predetermined
value while changing system pressure. In air/steam mixture runs, system pressure (P) and
steam mass flow rate (mv) settings are kept close to those set before during pure steam runs.
The reason of selection of steam mass flow rate as a fixed parameter, rather than total mixture
mass flow rate, in air/steam mixture runs is to fix the amount of steam at the entrance of the
test section to be able to make better comparison with the data of pure steam runs and to
understand inhibiting effect of air as a noncondensable gas. However, the total mass flow rate
(mass flow rate of air + vapor) was increased compared to the pure steam runs and this should
be taken into account when analyzing the experimental data. The experimental test matrices
are given in Tables I and II. In these tables; Rev is vapor Reynolds number, mcw is mass flow
rate of cooling water, and X^ is air quality, at the inlet of the test section.

4. EXPERIMENTAL RESULTS AND DISCUSSION

4.1. Temperature distribution

Temperature measurements were performed at three different locations in the radial
direction of the test section [1]: at the centerline and inner wall of the condenser tube, and at
the annulus of the jacket pipe. The centerline temperature simply gives the information for the
state of vapor, flowing downward, along with the system pressure measured at the inlet of the
test section. The temperature measurement in the jacket pipe, on the other hand, enables the
prediction of the local heat flux distribution inside the condenser tube. It is expected that for
pure steam runs, the measured centerline temperature should be the saturation temperature at
the corresponding system pressure measured at the inlet, by assuming that differential
pressure along the channel is small enough (~0.3 bar at the system pressure of 5 bars, and
much smaller for lower system pressure settings). Moreover, when air/vapor mixture flows
along the test section, the centerline temperatures indicate the existence of air at the core of
the condenser tube since the vapor temperature is lower than the saturation temperature
corresponding to the total system pressure due to partial pressure of vapor which decreases
with increasing quality of air, as Gibbs-Dalton Law states. Measured inner wall temperature
values also indicate the effect of the presence of air as a noncondensable gas, by following the

TABLE I. TEST MATRIX FOR PURE STEAM EXPERIMENTAL RUNS

Code

RUN-1.2.1

RUN-1.3.1

RUN-1.4.1

RUN-1.5.1

RUN-1.6.1

P(bar)

1.829

3.029

3.959

4.837

5.452

mv (kg/s)

1.808x10"2

2.314xlO"2

2.721xlO"2

3.101X10"2

3.419xlO"2

Rev

54770

66875

76645

85675

93365

*„ (kg/s)

0.221

0.223

0.226

0.225

0.226

x*
0.0

0.0

0.0

0.0

0.0
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TABLE II. TEST MATRIX FOR AIR/STEAM EXPERIMENTAL RUNS

Code

RUN-2.2.1R2

RUN-2.2.1

RUN-3.2.1

RUN-4.2.1

RUN-2.3.1R1

RUN-2.3.1

RUN-3.3.1

RUN-4.3.1

RUN-5.3.1R

RUN-2.4.1

RUN-3.4.1

RUN-4.4.1

RUN-5.4.1

RUN-6.4.1

RUN-2.5.1

RUN-6.5.1

RUN-2.6.1

P(bar)

1.919

1.919

1.956

2.01

2.93

2.969

2.901

3.16

3.13

3.982

3.90

3.94

3.94

3.906

4.312

4.36

5.257

mv (kg/s)

1.853X10"2

1.771X10"2

1.865X10"2

2.055X10"2

2.428X10"2

2.306X10"2

2.366X10"2

2.664X10"2

1.804X10"2

2.833X10"2

2.77X10'2

2.987X10"2

2.193X10"2

1.526X10"2

2.918X10"2

1.881X10"2

3.386X10"2

Rev

56228

53748

56879

62949

70801

66771

69543

78258

53938

80253

79188

85898

63663

45195

82043

54476

93388

m„ (kg/s)

0.232

0.198

0.236

0.232

0.232

0.23

0.231

0.238

0.237

0.234

0.223

0.231

0.253

0.253

0.237

0.253

0.234

Xair

0.095

0.099

0.191

0.275

0.092

0.099

0.189

0.279

0.421

0.097

0.193

0.274

0.369

0.519

0.097

0.43

0.098

trend of centerline temperature, i.e. higher the percentage of air lower the centerline and inner
wall temperatures. In fact, air, presumably homogeneously mixed with vapor at the entrance
of the test section, then tends to accumulate at the interface of liquid film and air/vapor
mixture which, consequently, causes a corresponding reduction of partial pressure of vapor at
the interface. In turn, this reduces the saturation temperature at which condensation takes
place. The net effect is to lower the effective thermal driving force thereby reducing the heat
transfer rate. The accumulation of air at the interface is the principal reason for the mass
diffusion resistance in radial direction which causes lower condensation rates. The mechanism
of air accumulation at the interface of air/vapor and liquid film can be explained on the
following physical grounds: The vapor that is to be condensed is carried towards the wall of
the condenser tube and it also carries with it some amount of air. Since the condensate film is
impermeable to air, it must be removed from the interface at the same rate as it arrives, at
steady-state conditions. However, the rate of diffusive flow depends on the concentration
gradient and sufficient amount of gas should be accumulated at the interface to sustain the
balance between the convective inflow and diffusive back-flow.

To demonstrate the effect of presence of air, the measured temperature profiles, for the
case of P=4 bar, are presented in Figures 4.1, 4.2 and 4.3 corresponding to X.^0%, 28% and
52%, respectively. The pure vapor run results show that the measured centerline temperature
(Tc) trend closely follows the saturation temperature (Ts) line and always remains below of it
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(ATmax ~4 °C) even at the bottom of the test section. It should be noted that experimental runs
with the system pressure of 4 bar were performed at the condition of higher vapor Reynolds
number compared to runs with lower system pressure (Tables I and II) and this in turn causes
the thermocouples to be wetted by the condensed liquid film droplets. The temperature
differences of Tc.sat (saturation temperature of zero air quality) and Tc are: 24-29 °C and 42-
48 °C for the cases of X;= 28% and 52%, respectively. The difference between the predicted
(from the Gibbs-Dalton Law, Ts) and the measured (Tc) centerline temperatures come out to
be 1-5 °C, 13-21 °C, and 15-31 °C, for Xi=0%, 28%, and 52%, respectively. Among the
results presented, the experimental results pertaining "to the case with X;=52% represents a
special case concerning the inlet vapor Reynolds number (~41,000), which is about half of
other runs at the same pressure setting. The distribution of Ts shows a marked decrease
towards the bottom of tube due to increase in X^, steeper than other runs. Moreover, a sharp
decrease in all measured temperatures (Tc, Tw) are observed for the case with X;=52 %, i.e.
more than 40 °C, relative to the pure vapor case.

4.2. Heat flux distribution

To calculate local heat transfer coefficients, the local air/vapor mixture temperature,
local inner wall temperature, and the local heat flux must be known. The local air/vapor
mixture and inner wall temperatures were measured directly, and the local heat flux was
obtained from the measured coolant temperature profile [1]. Hence dTcw/dx was computed
from an exponential fit of the measured coolant temperature as a function of axial distance,
and the local heat flux was determined from:
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FIG. 4.1. Temperature distribution (P=4 bar, Rev=76645, Xf=0 %).
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FIG. 4.3. Temperature distribution (P=4 bar, Rev=45I95, Xj=52 %).

is the mass flow rate of cooling water (kg/s),

cp is the constant pressure specific heat (J/kg °C),

d; is the inner diameter of the condenser tube (m),

dTcw(x)/dx is the local axial temperature gradient (°C/m).

The heat flux distributions for experimental runs corresponding to the system
pressures of 2 and 4 bar, and including pure vapor and different mixtures of air and vapor, are
presented in Figures 4.4 and 4.5. It is clear in all figures that the heat flux drastically decreases
as inlet air mass fraction increases. This situation is the evidence for how some amount of air,
mixed with vapor, degrades the performance of the heat exchanger. The percent decrease in
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heat flux, at the middle of the test section (~1 m from the top), is summarized as follows
(corresponding pure vapor cases are taken as the reference for each system pressure):

- Pn=2 bar: 20% (X;=10%), 24% (Xj=20%), 45% (X;=30%)

- Pn=3 bar: 19% (X;=10%), 24%(X;=19%), 30% (X-28%), 48% (Xj=42%)

- Pn=4 bar: 22% (X-10%), 24% (X;=20%), 28% (X^29%), 37% (Xj=37%)

44% (Xi=52%)

- Pn=5 bar: 24% (X;=10%), 75% (Xj=43%)

- Pn=6 bar: 27% (X;=10%)
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Another point to be emphasized is that the difference in heat flux values corresponding
to the air/vapor mixture and pure vapor cases get closer to each other towards the bottom of
the condenser tube due to diminishing condensation rate as the result of increased condensate
film thickness and air mass fraction. The local heat flux is increased by system pressure along
with vapor mass flow rate. This is observed by other investigators [1] as well and can be
attributed to the increase in wall subcooling degree which enhances the thermal driving force
for heat transfer. Moreover, higher system pressure associated with the higher inlet
temperature leads to a greater number of molecular collisions helping in the diffusive
transport of energy. However, the dependency of the wall subcooling degree, either measured
or predicted from the Gibbs-Dalton Law, on system pressure is such that the wall subcooling
degree remains nearly the same for the same inlet air mass fraction and for the different
system pressure. This implies that the vapor mass flow rate may dominate over system
pressure, concerning the effect on local heat flux, for cases with air/vapor mixture. The
situation is rather different in pure vapor runs, that is increase in system pressure has a strong
effect on enhancement of predicted, and even measured, wall subcooling degree. The
comparison concerning the effect of system pressure on local heat flux for the inlet air quality
of 30% is shown in Figure 4.6.

4.4. The heat transfer coefficient

The experimental local heat transfer coefficient was obtained from [1]

(Tc(x)-Tw(x)) (2)

where
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FIG. 4.6. Effect of system pressure (Xi=30%).

Tc(x) is the curve fitted value of the measured centerline temperature (°C),

Tw(x) is the curve fitted value of the measured inner wall temperature of the condenser tube
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As seen in the Figs. 4.7 and 4.8, existence of air in vapor suppresses the heat transfer
coefficient. The percent of suppression, compared to the corresponding pure vapor case,
highly depends on the system pressure and therefore on the vapor flow rate, as well as inlet air
mass fraction. Since the temperature difference (Tc-Tw), namely the measured wall subcooling
degree, is nearly constant (~5-8 °C) for all runs, the heat transfer coefficient is mainly
governed by the heat flux. When results given for Xi=10% and 28% are compared to the pure
vapor case, at a nominal pressure of 2 bar, a maximum deviation of -45% and -65% is
observed within an axial distance of 1 m, respectively. The results also reveal that the
estimated effective condensation length, for pure vapor run, is not more than 1.25 m, which is
about 60% of the total length, when the axial location at which heat transfer coefficients (pure
and air/vapor mixture) are getting closer, is considered. From this, the effective condensation
length of the air/vapor mixture case may be considered same as the pure vapor case.

All results presented up to this point are based on the measured temperature difference
(Tc-Tw) as given in Equation (2). However, the bulk temperature (Ts) at the core of the
condenser tube, as predicted by the Gibbs-Dalton Law, reveals the fact that the inequality Tc

< Ts always exists for the experimental cases with air/vapor mixture and even for some pure
vapor runs. This situation shows that the measured centerline temperature (To), somehow, was
affected by the inner wall thermal conditions. It is thought that thermocouples used for the
centerline temperature measurements were continuously attacked by detached liquid droplets
or patches from the inner surface of the tube due to turbulence initiated by high vapor flow.
Besides this, narrow channel is another factor to be considered for such centerline temperature
measurements, i.e. there is not sufficient distance between the film developed on the inner
surface of the tube and the thermocouples fixed to a guide wire. This observation leads us to
the question whether Tc or Ts is to be used for calculating the heat transfer coefficient, from
the known heat flux values. It should be noted that when preference has been given to Ts, the
heat transfer coefficient would represent the conditions of air mixed with dry vapor, at the
core of the tube. To understand the effect of above given interpretation on the method of
determining the wall subcooling, an analysis was performed for the ratio of the estimated heat

0.00 0.25 0.50 0.75 1.00 1.25 1.50 1.75 2.00 2.25
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FIG. 4.7. Heat transfer coefficient distribution (P—2 bar).
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transfer coefficient (h') and the experimental one (h). The ratio of the heat transfer coefficients
determined from the two methods is equal to

(3)
j

h(x) (Ts(x)-Tw(x))

since heat flux is same. The heat transfer coefficient ratio for P=5 bar is presented in Fig. 4.9.

This figure shows that as inlet air mass fraction increases the ratio (h'/h) decreases, for
the same system pressure, and this behavior is same for other experiments with the system
pressure of 2, 3, 4, and 6 bar as well. That is to say, increase in air mass fraction leads to
deviation from the measured heat transfer coefficient. However the ratio increases smoothly
towards the bottom of the tube due to increase in measured centerline temperature (Tc).
Another observation is that the heat transfer coefficient ratio, calculated for the pure vapor
cases, decreases as system pressure, and therefore vapor Reynolds number, increases due to
liquid droplet detachment from the inner surface of the tube which becomes increasingly
dominant as vapor mass flow rate increases. Contrary to the pure vapor cases, the effect of
system pressure and mass flow rate of vapor seems not so much pronounced for air/vapor
mixture cases.

4.5. Comparison with theory

A set of simulations was performed by using the RELAP5/mod3 thermal-hydraulic
system analysis computer code [2], used for safety and system analyses of nuclear power
plants. The code solves six equations (mass, momentum, and energy) for two-phase and one
equation (mass) for noncondensable gas. The heat transfer solution scheme of the code also
includes condensation of vapor containing noncondensable gas, such as air, hydrogen,
nitrogen, helium. The default model used currently is the Shah-Colburn-Hougen model. The
Shah model replaces the Nusselt model for pure steam condensation if the heat transfer
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coefficient calculated by this model is greater than that of Nusselt model. The Colburn-
Hougen diffusion model, used for taking into account the inhibiting effect of a
noncondensable gas, involves an iteration process to solve for the steam saturation
temperature at the interface between the steam/gas boundary layer and water film. As seen in
Fig. 4.10, the RELAP5 code overestimates the heat flux from about 5% to 50%. Problems
associated with the prediction of condensation heat transfer rates are; 1- assumption of the
code for dry vapor in the core of a condenser tube may not necessarily reflect the physics
there however simplifies the analysis, 2- superheated steam can affect the condensation
process when a noncondensable gas is present.
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FIG. 4.10. Comparison of METU-CTF data and shah-colburn-hougen model.
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5. CONCLUSION

When pure vapor runs are considered as the reference for comparison, first indicator of
effect of air is the remarkable decrease in centerline and inner wall temperatures. Comparisons
show that difference between saturation temperature, corresponding to the pure vapor case,
and measured centerline temperatures varies between 10 °C and 50 °C, depending on inlet air
mass fraction. In other words the temperature difference increases considerably as air mass
fraction increases. However, the experimental data reveal the fact that thermocouples used for
the centerline temperature measurements were wetted by detached liquid droplets from the
surface so that centerline temperature trend closely follows that of inner wall, with a
difference of about 1-10 °C. This situation indicates that centerline temperatures were highly
affected by inner wall thermal conditions, possibly due to narrow channel and high vapor flow
rate. It is found that there is a drastic decrease in the performance of the heat exchanger as the
inlet air mass fraction increases. Even at the lowest inlet mass fraction (10%) cases, the
decrease in heat flux is as high as ~20% while it reaches up to about 50% when the air mass
fraction is increased to about 40%. The inhibiting effect of air on condensation manifests itself
as a reduction in heat transfer coefficient. However, the inhibiting effect of air diminishes as
system pressure and vapor flow rate increases. Maximum percent decrease was observed in
runs with the system pressure of 2 bar, i.e. 45% and 65%, for air mass fraction of 10% and
28%, respectively. As discussed previously, the heat transfer coefficient can be based on
either the measured centerline temperature (Tc) or on the predicted one (Ts). The heat transfer
coefficient considerably decreases when Ts is used since Ts is always greater than Tc. The ratio
of the heat transfer coefficients computed from these two methods shows that the increase in
air mass fraction leads to larger deviation from the measured one calculated by Tc. The
computer codes assume dry vapor in the core of the condenser tube so that care should be
given in assessing the predicted results since this assumption may not reflect the physics
inside the tube.
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