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State of the Art Report on Condensation Phenomena Within Tubes
in the Presence of Noncondensable Gas

Polo Martinez, J.
71 pp. 31 figs. 51 refs.

Abstract:

Condensation phenomena play an important role in many industrial applications; in particular, the nuclear
industry uses such processes in different systems for both operation and safety aspects. Thus, most of the
engineering safety features in the current Light Water Reactor (LWR) plants as well as in the new advanced/
passive type designs are based on the condensation phenomena inside tubes to reduce the system pressure
and to remove the decay heat released under accidental conditions. Regarding the new advanced/passive
plant designs such a systems must ensure their capabilities under severe accident conditions, that means,
under the presence of non-condensable gas and even aerosol particles. The presence of even a small
quantity of non condensable gas in liquid-vapour has profound influence on the resistance to heat transfer at
the liquid-vapour interface leading to a reduction in the heat transfer rate. In consequence, the safety
analysis of the Simplified Boiling Water Reactor (SBWR) promoted an increase in the modelling, model
development and experimental research on the gas mixtures condensing inside vertical tubes. This report
summarises the last models developed as well as the experimental findings on such processes.

Estado del Arte sobre Fenómenos de Condensación en el Interior de Tubos
en Presencia de Gases No Condensables

Polo Martínez, J.
71 pp. 31 figs. 51 refs.

Resumen:

Los fenómenos de condensación juegan un importante papel en muchas aplicaciones industriales; en particu-
lar, la industria nuclear emplea estos procesos en distintos sistemas en aspectos tanto de operación como de
seguridad. Así, la mayoría de las salvaguardias tecnológicas, en las actuales plantas de agua ligera (LWR) y
en los nuevos diseños de tipo pasivo, se basan en procesos de condensación en el interior de tubos para
reducir la presión del sistema y evacuar el calor residual liberado en condiciones de accidente. En relación
con los nuevos diseños avanzados de planta se debe asegurar sus capacidades bajo condiciones de accidente
severo, lo que implica la presencia de gases no condensables e incluso aerosoles. La presencia de pequeñas
cantidades de gas no condensable en la mezcla tiene una profunda influencia en la resistencia de la transfe-
rencia de calor en la interfase gas-líquido que conduce a una reducción en la transferencia de calor. En
consecuencia, el análisis de seguridad del reactor SBWR pom ovio un aumento del esfuerzo en el modelado,
desarrollo de modelos e investigación experimental sobre condensación en el interior de tubos verticales.
Este documento resume los últimos modelos desarrollados y observaciones experimentales en estos proce-
sos.
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NOMENCLATURE

cp Specific heat at constant pressure

D Tube diameter

V Binary diffusion coefficient

DH Hydraulic diameter

f Friction factor

F Degradation factor to condensation heat transfer

g Acceleration of gravity

G Mixture mass flux inside the tube

Gr Grashof number

h Heat transfer coefficient

hfg Latent heat of vaporization

Ja Jacobs number

k Thermal conductivity

K Convective mass transfer coefficient

m Mass flow rate

m' ' Interfacial mass flux

M Molecular weight

n Number of moles

Nu Nusselt number

p Total pressure

pv Vapor partial pressure

Pr Prandtl number



q" Heat flux

Q Heat transferred

R Radius of the tube

Re Reynolds number

Sc Schmidt number

Sh Sherwood number

T Temperature

u Axial velocity

U Gas vertical velocity

v Velocity normal to wrall

W Mass fraction

x Gas concentration

y Volume fraction

Greek Letters

a Void fraction

ß Suction parameter

X Lockart-Martinelli factor

5 Condensate film thickness

¡i Dynamic viscosity

v Kinematic viscosity

p Density

x¡ Interfacial shear stress

F Liquid flow rate

0 Steam quality



Subscripts

a Air

c Condensate either coolant

f Film

g Gas

i Interface

1 Liquid

m Mixture

n Non-condensible

s Sensible either steam

sat

V

w

Saturation

Vapor

Wall

0 Without accounting for suction effect

oo Bulk



1- INTRODUCTION

Condensing two-phase channel flow occurs in many industrial applications, including
heating and refrigeration systems. In the nuclear industry, the condensation phenomena
play a very important role both in plant operation and in safety considerations and
analysis. Thus, some of the most important safety systems for controlling the transient
events and even for mitigating the accident consequences, in the current nuclear power
plants, are based on lowering the system pressure and removing the decay heat by
means of condensation. These safety systems usually employ horizontal or vertical
tubes, or even an arrangement of tubes orientated in different ways to achieve inside
them the condensation, although it is also worth to mention the importance of the
condensation phenomena onto nearly-plane walls under severe accident conditions
inside the containment building.

The wide band of application of the condensation phenomena in tubes has had a
significative influence in the research activities during the past. However, most of these
previous applications of condensation assumed a relatively pure and saturated fluid.
Under such circumstances, modelling is relatively simple because of the liquid-side
controlled nature of the process.

The current new designs of advanced/passive Light Water Reactors include passive-
based systems for the decay heat removal in the containment. Examples of such new
designs can be founded in the GE"s Simplified Boiling Water Reactor (SBWR), the
ESBWR, the Westinghouse's AP600 and the Siemens1 s SiedeWasser Reaktor (SWR
1000) conceptual reactors. These heat removal systems are based on condensation
phenomena inside tubes, in which the presence of noncondensible gases plays an
important role. The general idea is. thus, to vent, by natural forces, a steam-gas mixture
from the containment towards a condenser (being composed of a tube arrangement, of
either vertical or horizontal geometry), where the condensation will result in a reduction
in both pressure and temperature. The condensation of steam in the presence of
noncondensible gases (in particular, nitrogen and hydrogen) is thus of great interest for
the passive-type safety systems performance, since it affects negatively to the
condensation phenomena.

The safety analysis of the SBWR design promoted an increase in the modelling, model
development and experimental research on the condensation phenomena inside tubes
with noncondensible gas present. The subject is still booming and with the most current
passive-type reactors designs several research projects have appeared. As some
examples of these current projects deserve to mention, among others, the TEPSS
project, the CONGA project, the BWR&Cluster activities and the BWRCA. The
former, connected to the ESBWR. has motivated a series of experimental tests in the
PSFs PANDA facility, which is a scaled representation of the ESBWR. The latter two,
connected to the SWR 1000. are currently participating in the KFA's NOKO test
analysis and support.

This state of the art report has been prepared as a task within the WorkPackage N° 2,
called "Support to the NOKO Experiments" of the BWRCA complementary action,
which forms part of the so called INN O EU Cluster. Since the condensation phenomena
involves a huge amount of both theoretical and experimental research and due to the
current interest of the effects of noncondensible gases in the condensation phenomena,



this work has been particularly focused on the condensation of steam-gas mixtures
inside vertical and horizontal tubes. It summarises the review of the most current
available work published on modelling, new model development and experimental work
on this subject.

This report has been structured into five main chapters. The first one is just this
introduction. The second one is focused on the general theory of condensation
phenomena in the Nusselt context and on the general effect of noncondensible gas on
steam condensation. The third regards the analytical models for condensation in tubes in
the presence of noncondensable gas, presenting a detailed review of the models
available in the literature for vertical and horizontal tubes. The models implemented in
two of the most commonly used thermalhydraulic codes (TRAC/BF1 and
RELAP5/MOD3) and some improvements performed recently in them is also described
in the fourth chapter. The fifth main chapter summarises the main experimental tests,
the experimental findings and the correlation obtained from the experimental data.
Finally, the state of the art report ends with an additional chapter for the main
conclusions extracted from this literature review.



2. BASIS OF THE CONDENSATION THEORY.

Condensation occurs when the temperature of a vapour is reduced below its saturation
temperature. The process generally occurs when the vapour comes in contact with a
cool surface. Condensation involves a change of phase in which the latent energy of the
vapour is released, and consequently, the heat is transferred to the surface.
Condensation may occur in one of two possible ways, depending on the condition of the
surface: Film condensation, the dominant form of condensation in which a liquid film
usually covers the condensing surface and under the action of gravity the film flows
continuously from the surface; and dropwise condensation, where drops form in cracks
and pits on the surface and may grow and coalesce through condensation. The former is
characteristic of clean and uncontaminated surfaces while the latter usually occurs when
the surface is coated with a substance which inhibit wetting. It is important to note that,
irrespective of the condensation form, the condensate provides a resistance to heat
transfer between the vapour and the surface, which increases with the condensate
thickness.

The first attempt to analyse the film-wise condensation problem was that of Nusseit,
who made the following assumptions '":

The flow of the condensate film is laminar and constant properties are assumed.
The gas is assumed to be a pure vapour at uniform temperature (Tsat).
Heat transfer to the liquid-vapour interface can only occur by condensation.
The shear stress at the liquid-vapour interface is assumed to be negligible.
Momentum and energy transfer by convection in the condensate film are assumed
to be negligible.

Consider the scheme showed in Figure 1. which represents the condensation of a pure
vapour on a vertical plate.

n'i(x)

T,
Liquid thermai boundary layer

Liquid. Í \ V a P° r ' v

Figure 1. Velocity and thermal boundary layer
associated with the Nusseit analysis

According to the Nusseit assumptions the momentum equation for the condensate film
may be expressed as.



^ 4 = - £ (P, - pv) (2.1)
o y (i

The velocity profile of the condensate film may be obtained by integrating the above
equation.

u. 8 218
(2.2)

From this result the condensate mass flow rate may be obtained as.

Ö (X)

mc(x)= J p, u(y)dy =-
 g P i ( P i - P v ) 5 3 Q 3 )

The specific variation of 5 with x may be obtained by first applying the conservation
energy requirement to a differential element in Figure 1.

dq = h f , ,dmc=^(T, a (-T, ,)dx (2.4)
o

dmc_k, (T s a l -T w )
dx ô hfl,

(2.5)

Differentiating equation (2.3) we also obtain.

dine _ g p, (p, - p v ) 8 2 dô

dx u dx
(2.6)

Combining equations (2.5) and (2.6) and integrating it can be obtained an expression for
the condensate film thickness.

8(x) =
4 k , n ( T M t - T w ) x

g Pi (P i - P v ) h f . ,

1.4

(2.7)

The local convection coefficient is then.

g p. (P , -p v )k | J hfg

4u(T ä a t -Tw )x

1/4

(2.8)

Finally, the average convection coefficient for the entire plate is.



h = 1.13
g p , ( P i - p v ) k , 3 h f g

4u(T s a t-Tv v)L

1/4

(2.9)

This expression may also be used for condensation on the inner or outer surface of a
vertical tube of radius R (whenever this radius be much greater than the condensate film
thickness). It can also be used for inclined surfaces if g is replaced by g cos 9, where 6
is the angle between the vertical and the surface.

Equation (2.9) is recommended for estimating the average heat transfer coefficient in
laminar regime. In the case of turbulent film condensation the correlation for the heat
transfer coefficient is".

h = 0.0077 g Pi (Pi - Pv) V ReU4 (2.10)

The Nusselt analysis may be extended to film condensation on the outer surface of a
horizontal tube, and the result of the average convection coefficient is.

h = 0.728
g Pi ( P I - p v ) V h f e (2.11)

Where D is the tube diameter and N is the number of horizontal tubes assuming an
arrangement of N vertical tubes.

Another usual geometry is a horizontal tube with the vapour flowing inside, and cooled
outside in such a manner that the condensation occurs within the tube. In this case the
conditions within the tube are complicated and depend strongly on the velocity of the
vapour flowing through the tube. If this velocity is small the condensate flow is from
the upper portion of the tube to the bottom; in this case ChatoJ recommends the
following expression.

h = 0.555
g Pi ( P i - P v ) k r h'fg

u(T s a i-Tw)D
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(2.12)

where

(2.13)

The analysis presented so far has dealt with condensation of a pure vapour on the basis
of the Nusselt theory and for several geometries. Some correlations has been also
included here for illustrate the turbulent film condensation. The presence of even a
small quantity of non-condensible gas in the condensing vapour has a profound
influence on the resistance to heat transfer in the region of the liquid-vapour interface4.
The non-condensible gas is carried with the vapour towards the interface where it
accumulates. The partial pressure of gas at the interface increases above that in the bulk
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of the mixture, producing a driving force for gas diffusion away from the surface. This
motion is exactly counterbalanced by the motion of the vapour-gas mixture towards the
surface. Since the total pressure remains constant the partial pressure of vapour at the
interface is lowrer than that in the bulk mixture providing the driving force for vapour
diffusion towards the interface. This situation is illustrated in Figure 2, which also
shows the variation of temperature in the region of the interface.
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Figure 2. The influence of noncondensibles on
interfacial resistance

Figure 3 shows the influence of non-condensible air concentrations on the heat transfer
rate in the case when steam-air mixture is either stagnant or flowing (from Sparrow et
alD' ). The temperature difference between the bulk steam-air mixture and the cooling
surface is held constant at 10°C. The ordinate represents the ratio of the heat flux with
non-condensible air present to that which would have occurred at the same temperature
difference with pure steam. The presence.of air is most marked when the bulk mixture is
stagnant. Reductions in heat transfer rate of more then 50 percent are caused by air mass
fractions as low as 0.5 percent. The reductions become more marked as the total
pressure is reduced. The heat transfer rate in forced convection condensation is much
less sensitive to the presence of non-condensible air although the reduction in heat
transfer becomes much serious as the pressure is reduced. The reductions in heat
transfer rate for both stagnant and forced convection conditions increase slightly as the
temperature difference between the gas bulk and wall is increased.
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Figure 3. Effect of the presence of air in steam condensation
heat transfer
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3. REVIEW OF AVAILABLE MODELS FOR STEAM-GAS MIXTURES IN
TUBES.

The pioneering work of Nusselt has been modified during the past to include some
important effects not considered by Nusselt, such as the effect of interfacial shear stress
on condensate flow or the characteristic of vapour velocity diminishing along the length
of the tube. However most of this work dealt only with condensation of pure saturated
vapours. Related the effect of non-condensible gas on condensation heat transfer the
search of literature has reveal that a few work has been published to indicate the
reductions in condensation heat transfer induced by the presence of a small amount of
non-condensible gas, except for some experimental data.

For the theoretical analysis of the heat and mass transfer during condensation of a
vapour in the presence of a non-condensible gas, either the boundary layer analysis or
the heat and mass transfer analogy methods have been generally employed. In both of
these methods, the condensation process is viewed as occurring in two interacting
boundary layers (the vapour/gas and condensate boundary layers). In the boundary layer
methodology the governing differential conservation equations for both the liquid as
well as the gas/vapour boundary layers are simultaneously solved to predict the heat
transfer rate6'7.

The heat and mass transfer analogy models follow the general methodology of Colburn
and Hougen8, who were the first to develop a stepwise iterative solution method for
predicting the condensation heat transfer rate from a vapour/non-condensible gas
mixture. Their main equation was based on a heat balance at the liquid/gas interface,
where the heat transferred from the gas/vapour boundary layer is equated to the heat
transferred through the condensate film. The heat transfer from the gas phase was
viewed as made up of the sensible cooling of the uncondensed gas and the contribution
due to mass transfer, that is the latent heat due to condensation of the diffused vapour at
the interface. Separate models for the sensible and latent heat fluxes were used. Mass
transfer coefficients were obtained from an analogy with heat transfer and the interface
temperature was solved iteratively.

The main factors that should be taken into account in any condensation heat transfer
model inside tubes with non-condensible gases are9:

- Interfacial shear stress. This effect is very important at high Reynolds number of the
vapour-gas mixture, and increases with the square of the relative velocity between
the mixture and the interface of the condensing film.

- Non-condensible gases concentration modifies the mechanism of condensation for
concurrent downflow in vertical tubes significantly. The non-condensible gas is
carried with the vapour towards the interface where it accumulates. This
concentration produces a driving force that yields gas diffusion awray from the
interface.

- The waviness of the liquid film can also influence the condensation heat transfer
coefficient even at relativelv low film Reynolds numbers.
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- Mist formation increases the sensible heat transfer coefficient through the diffusion
boundary layer.

- The interfacial shear stresses acting on the liquid and the vapour respectively are
affected in a different way by the condensation process.

Next, the most recently developed models dealing with the condensation of vapour-non-
condensible gas mixtures in tubes are presented. The models founded in the literature
review has been distributed according to the most usual geometries: vertical and
horizontal tubes. The models included in the most common thermalhydraulic codes,
TRAC-BF1 and RELAP3/MOD5, are also described in the next chapter.

3.1 ANALYTICAL MODELS FOR VERTICAL TUBES.

The literature review has shown that the information on analytical models for
condensation in vertical tubes in the presence of non-condensible gas is scarce.
Nevertheless, the new current concepts on passive decay heat removal in the
containment for the Passive/Advanced Light Water Reactors has increased the interest
on such phenomena and, consequently, some models has been developed in this context.
Several models have been found in the literature regarding vertical tubes. Their general
characteristics are summarised in Table 1, and they are presented in more detail in the
next subsections.

Table 1. Summarv of the analytical models for vertical tubes

Model

Wang
MIT

Ghiaasiaan

UPV-
CIEMAT

Yuann

PSI

Methodology

H-T Analogy
H-T Analogy

Boundary
Layer

H-T Analogy

Boundary
Layer

H-T Analogy

Additional Considerations

Shear
Stress
YES
NO
YES

YES

YES

YES

Suction
Effect
YES
YES
NO

YES

NO

YES

Drops

NO
NO
YES

YES

NO

NO

Wa vin ess
Roughness

NO
YES
YES

YES

YES

NO

Flow Considerations

Fully Developed
Developing Flow
Fully Developed

Developing Flow

Fully Developed

Fully Developed

3.1.1 Wang et al. Model

The Wang et al.10 model is improved Colburn-Hougen type solution scheme
incorporating the effects of the interfacial shear stress and the flow pressure drop but
neglecting the sensible heat transfer from the gas phase.

The aim of this model is to predict the effect of non-condensable gas on condensation
heat transfer in a vertical tube with turbulent vapour-gas mixture flow'. The mixture
entering the tube is assumed to be saturated and it flows with a fully developed profile.
The tube surface temperature is kept constant. The first step in this model is to solve the
equation of motion in the condensate layer including the interface shear stress to know
the condensate velocity profile.
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"(y) = ! ( £ • p,g) [\r - 6 y ) + ^ y (3.1)
uA dz ) v 2 y

The interfacial shear stress x¡ is calculated based on the local mixture velocity and
depends also on the gas phase friction factor at the liquid-gas interface which will be
affected by the condensation process behaving like the surface suction of mass.

dp = 4Ti [ d(pmum
2)

dz DH dz

being DH = D - 25 the hydraulic diameter for the vapour-gas mixture flow, and f, the gas
phase friction factor at the liquid-gas interface.

The liquid flow rate is obtained by integrating the liquid velocity field over the liquid
cross-sectional area.

~T v {2 3 ; v V dz ' 1WA3 24

The local film condensate rate is aiven bv Nusselt's solution.

(3.2)

hfl!8
A I™1

A mass balance in the axial direction (i.e. — = m ) yields a transcendental equation
dz

with two unknowns: the interfacial temperature and the condensate film thickness. The
determination of interfacial temperature relies on the diffusion process of non-
condensable gas towards the interface in the mixture core, and the mass transfer
coefficient along the interface should be known before the calculation for condensation
heat transfer of the vapor-gas mixture. The mass transfer coefficient is also influenced
by vapor condensation occurring at the liquid-gas interface, which is considered as
impermeable for a non-condensable gas. With such considerations about the mass
transfer coefficient the condensation film rate can be expressed as,

mc =7i umSh0 - In—^- /Sc (3.4)
I W )

being Wn.» and Wn.¡ the non-condensable mass fraction in the core and at the interface,
respectively; and S ho, the single phase mass convection coefficient in turbulent tube
flow without wall suction, which is given by the Dittus-Boelter correlation:

Sh0 = 0.023 Re0SScU4 (3.5)
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Either Wn.œ and Wnj are calculated by the Gibbs-Dalton relation for a perfect mixture.
Hence, Wn,¡ is a function of interface temperature.

(3.6)

In each step Az of the axial distance, there are only two unknowns: the film thickness
and the interface temperature. Using the Newton-Raphson iterative method the
condensate film thickness can be evaluated once the interface temperature is known.
The local heat flux is finally determined by,

- ^ (3.7)
ö

The predicted values of heat transfer by the Wang et al. model were compared with the
experimental data of Borishansky et al.", being the calculated values in good agreement
with the experimental ones. In the investigation performed by Wang et al. it was found
that the effects of non-condensable gas on condensation was more significant in ducts
than in an unconfined space. The reductions in heat transfer due to non-condensable gas
were accentuated at low operating pressures. As the inlet velocity of the mixture
decreases, the effects become more and more appreciable.

3.1.2 MIT Model

Siddique et al.12, from the MIT, developed an analytical model to predict the effects of
air, helium, or hydrogen on the heat transfer coefficient for steam condensing inside a
tube such as could be typical for an Isolation Condenser (IC) in the Passive
Containment Cooling System (PCCS) of the SBWR design.

The model basically also follows the general methodology of Colburn and Hougen8

addressing three aspects not specifically considered in the past analysis. First, most of
the heat transfer occurring during condensation of vapor-gas mixtures in vertical tubes
takes place in the first 0.5 to 0.6 m of the condenser tube, where fully developed flow
may not have been achieved in the gas phase. This is especially true for the IC tubes
because of their relatively large inner diameter of 46 mm. Consequently, the assumption
of a fully developed flow will lead to a estimation of low heat transfer rates and over-
sizing of the heat exchanger.

Second, the condensate film surface waviness and roughness enhance the gas phase heat
and mass transfer1 J. Third, the effect of hydrogen or other light gases on steam
condensation during turbulent in-tube condensation was investigated.

The analysis of the condensation in the presence of a non-condensible gas typically
involves a heat balance at the liquid-gas interface, where separate models for the
condensate film and gas-vapor region are linked and simultaneously solved for the heat
and mass transfer rates.

16



For the condensate film, the model follows the Nusselt analysis. Therefore the velocity
profile of the condensate film is given by equation (2.2), which integrated for the tube
geometry yields the local condensate flow rate,

rric =
27igPl(p, - p v ) ÍR5 3 5R6;

u I 3 " 24
(3.8)

At any axial position x, knowing the local condensate rate, the local film thickness can
be calculated by solving the above equation.

Heat transfer through the gas-vapor boundary layer consists of the sensible heat transfer
and the latent heat given up by the condensing vapor. From an energy balance it follows
that the rate of heat transfer across the interface must equal the rate of heat transfer to
the tube wall.

= m" c h f a +h v (T B -T i ) (3.9)

In order to solve the above equation, correlations are required for the heat and mass
transfer coefficients. In the gas-vapor boundary layer, the condensation process leads to
a thinning of the boundary layer (suction effect), and consequently, the correlations to
be employed must take this fact into account. The correlations proposed to accounting
the suction effect are (using the analogy between heat and mass transfer):

Nu. = exp
m"c RePr

G Nu
-1

0.x

-1

J V

G

m" RePr
(3.10)

Sh = exp
m",. Re Sc

GSh 0.x

-1

V

G

m" Re Se
(3.11)

where Nuo.x and Sho.x denote the respective local Nusselt and Sherwood numbers
without suction, obtained from the Gnielinski correlation14, which is in overall best
accord with the experimental data in the range 2300 < Re < 5 106.

(f/2)(Re-1000)Pr

+ 12.7(f/2)'- ( P r J -1)

(f/2)(Re-1000)Sc
(3.12)

The gas/steam core flow may tapper off to the laminar flow regime as the flow proceeds
along the length of the tube. Therefore, when the Reynolds number had decreased down
to a value of 2300 and lower, a fully developed laminar flow regime was assumed to
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obtain a value of 3.66 for Nuo.x and Sho.x, the respective local Nusselt and Sherwood
numbers in the absence of suction.

As said before, as most of heat transfer takes place in the first 0.5 to 0.6 m of the
condenser tube, the model accounts for the developed flow effects in the heat and mass
transfer by using a correction factor m the Nusselt and Sherwood numbers suggested by
Reynolds, Swearigen and McEligot 15

Nu0-, =Nu0

Sh0, = Sh0

1 +

1 +

0.

0.

8(1

8(1

+ 7104

x/D

+ 7104

Re

Re -3/2 -v

x/D

(3.13)

As condensation proceeds along the tube, the annular film transits to a turbulent flow
regime, becomes rough and wavy, maintaining this pattern over most of the condensing
length. To account for this effect a correction suggested by Norris1 is included in the
Nusselt and Sherwood numbers.

Using a mass balance at the interface and assuming that the condensate surface is
impermeable to the non-condensible gas, the condensing mass flux at the interface may
be evaluated in terms of the Sherwood number,

GShf
m"„ = •

Re Se
In

W

GD
(3.12)

For the interface temperature, the corresponding interface non-condensible gas mass
fraction is given by the interface equilibrium condition and the Gibbs-Dalton ideal gas
mixture equation (3.6).

The model solution procedure commences at the tube inlet where some parameters such
as pressure, inlet steam mass flow rate, and inlet non-condensible gas mass flow rate are
calculated. Assuming that the mixture remains saturated a step downstream is taken and
the new gas phase non-condensible gas mass fraction is evaluated from the Gibbs-
Dalton ideal gas mixture equation using the partial pressure of steam corresponding to
the new bulk temperature. As the non-condensible gas flow rate is constant, the local
steam flow rate may be calculated and. from this, the local condensate flow rate is
obtained. For an assumed value of the interface temperature, the pertinent fluid
properties are calculated, and using the value of the local condensate flow rate from
(3.8) . the local condensate film thickness is determined. This allows to calculate the
local wall heat flux, using a trial value for the wall temperature. From a steady-state
heat and mass balance of the gas phase, the total heat transfer may be calculated. The
wall temperature is then calculated from the stored wall temperature profile; if this
value differs by more than 0.1 °C from the trial value used before the guessed value of
the wall temperature is improved and the above calculations are repeated. The iteration
is terminated when a consistent solution set is achieved.



The performance of the model was used to simulate several experiments from Siddique
et al.17 with a reasonably good agreement founded between the predicted and the
experimental values (Figures 4 and 5).
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3.1.3 Ghiaasiaan et al. Model

The model from Ghiaasiaan et al. for condensation in the presence of non-
condensibles in two-phase flow systems is based on a two-fluid model. The authors
suggest a two-fluid model because: the presence of non-condensibles rules out thermal
equilibrium between the two phases, the dominant flow regimes in condensing two-
phase channel flows are stratified and annular, both of which result in significant
hydrodynamic nonequilibrium, and the condensation rate strongly depends on the liquid
temperature, thus requiring calculation of the local liquid thermodynamic state.

The model has the following assumptions:

The flow is one-dimensional and steady state.

The channel cross-section geometry is axially uniform.

The liquid (condensate) is impermeable to the noncondensable.

The gas phase can carry entrained droplets. Condensation on these droplets is
neglected. However, the droplets are assumed to be at thermodynamic equilibrium
with, and their velocity equal to that of, the surrounding gas.

The mass exchanged because of phase change at the liquid-gas interface has the
properties of the donor phase corresponding to the interface temperature.

Entrained and deposited droplets have the bulk properties of their donor phases.

The channel boundary condition is either a known wall temperature or a known
wall heat flux.

The noncondensible gas is assumed to be locally well mixed and at
thermodynamic equilibrium with the vapor.

The gas mixture is assumed to be saturated with vapor.

The noncondensible gas can be treated as a single species with a set of effective
mixture thermophysical and transport properties.

A set of seven differential equations is established including: the mass conservation
equations for the gas-vapor mixture, dispersed droplets, non-condensible gas and
contiguous liquid; the momentum conservation equation for the gas dispersed droplet
mixture and the contiguous liquid, respectively; and a mixture energy conservation
equation. All these equations are expressed in matrix form.

AY = C (3.13)

where A represent a 7x7 matrix and Y is a column vector defined as.
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dz ' dz dz dz dz ' dz ' dz
(3 14)

The combined heat and mass transfer associated with the phase change at the
contiguous liquid-gas interface is treated based on the quasi-steady stagnant film model.
Energy balanced applied to the interface results in the following,

where

(3.16)

hi = (
 c „ ""' N

1-1

The vapor mass flux, controlled by the mass diffusion process in the quasi-steady gas
film at the interface, is governed by.

W
m" = -K In 1— (3.17)

1-Wvj

The vapor mass fraction at the interface Wv ¡ is related to the interface temperature
according to.g

and

X -iVi
\V . = ^—i (3.18)

VJ X v j M v +( l -X v j )M n

x = Psa.(Ti) ( 3 1 9 )

The solution procedure consists of solving the seven coupled first-order ordinary
differential equations. In this procedure some additional calculations are required. The
system of coupled algebraic equations represented by the above expressions needs to be
solved every time the state variables derivatives are updated. This is done by the method
of repeated bisections. In each bisection sweep, knowing a guessed T¡ value, the
saturation pressure is obtained from (3.19) followed by the calculation of the molar and
mass fraction of the vapor at the interface. Subsequently, the condensation mass flux is
obtained using equation (3.17) and making an energy balance at the interface a new
value of T¡ may be obtained. The calculations are then repeated until the energy balance
is satisfied within a prespecified small tolerance.
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The model predictions have been compared with some experimental data with
satisfactory results. Figure 6 shows the predicted axial variations of vapor flow rate
compared with the experimental data of Siddique17.
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3.1.4 UPV-CIEMAT Model

The Polytechnical University of Valencia and CIEMAT developed a model for steam
condensation inside vertical tubes with noncondensible gas present focused on the
PCCS performance in the SBWR.

The first step in the UPV-CIEMAT9'19 model is to calculate the velocity profile of the
condensate film. The acting forces on the condensate film element of Figure 7 are:
gravity, buoyancy, interfacial stress force and viscous stress force. A force balance on
the volume element of the condensate film yields to the following equation.

¡(R-y)2 - (R-ô)2})^ - [(R-y)2 -

T . 2 ( R - Ô ) = Li —2(R-Ö)
dz

(3.20)

Expressing the local pressure gradient as the product of a fictitious mixture density,

pm*. and the acceleration of the gravity, the velocity profile can be obtained by
integrating with the nonslip condition at the wall interface,

u(y) =
2u ( P i - P m * )

(3.21)
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Figure 7. Scheme of a condensate
film volume element

The mass flow rate per unit of circular length is computed by integrating the velocity
profile in the condensate film.

The above mentioned fictitious density may be obtained by applying the conservation of
momentum to the mixture volume element.

P,n = P,n
mgDI l

. D dim
4 u,

D,, '
dz

• 4 T . -D H m'
.du.

dz
(3.22)

where um is the mixture velocity and x jin the interfacial shear acting on the mixture.

To obtain the local mass rate of condensation per unit area an energy balance at the
interface is established. The conduction heat flux rate through the condensate film must
be equal to the energy flux rate due to the vapor condensation and subcooling to the
average condensate film temperature plus the sensible heat flux transferred through the
interface.

i- Ti -Txv _dnic f a T
k, h f u - r - k J

dz c v

- T w ;



The last equation includes two terms: the latent heat of vaporisation and the subcooling
average energy of the condensate.

To obtain the unknown interface temperature a diffusion boundary layer model is used.
The non-condensible gas is carried with the vapor toward the interface where it
accumulates, in this way the partial pressure of the non-condensible gas at the interface
increases above that in the bulk of the mixture. Assuming that the temperatures at the
interface and the diffusion boundary layer correspond to the saturation temperature
equivalent to the partial pressure of the vapor, the variation in temperature through the
diffusion boundary layer may be obtained.

The sensible heat flux at a distance y from the interface is made up of two components:
a conductive heat transfer term, and a convective heat transport term,

(3.24)
o y

where nm is the total molar concentration in the mixture, Mm the molecular weight of the
mixture, v the radial velocity component of the mixture, and cp,m the specific heat at
constant pressure of the mixture.

Using an integration factor technique to solve this equation it can be found,

(3.25)

5 1 - exp(-a)

where a is a function of mixture properties and of the boundary layer thickness.

The total heat flux through the diffusion boundary layer must be equal to the heat flux
through the condensate film.

h s ( T w - T , ) + h c ( T w - T i ) = 4 L ( T i - T w ) (3.26)

The calculations must be repeated iteratively to get the interfacial temperature for
which, at the stationary state, the total heat fluxes through the diffusion and the
condensate film layer are equal. To calculate the condensate film thickness, which
appears in (3.26). the sensible heat transfer is neglected and the transcendental equation
(3.23) is solved by means of the secant algorithm and using an approximate method of
solution (which provides results very close to the exact ones and does not employ
iterations to compute Ô.

Finally, the heat transfer coefficients hs and hc can be calculated on account of
appropriate correlations and applying the heat and mass transfer analogy.
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Nu = 4.36 Re < 2300

Nu = 0.023Re0SPr0J5 Re > 2300

Sh = 4.36 Re < 2300

Sh = 0.023ReosSc°-3î Re > 2300

(3.27)

In order to account for the suction of mass due to condensation the Nusselt and
Sherwood numbers are multiplied by a correction factor.

The predictions of this model have been compared with the experimental results from
Siddique et al.17. Some results of this comparison are shown in Figure 8. As it can be
seen, near the tube inlet the heat transfer coefficients change sharply with distance. This
sudden change is due mainly to the fact that interfacial shear stress effects on the
condensate film thickness are ven' important near the tube inlet, because the mixture
Reynolds number is very high. Moreover, these high values of the interfacial shear
stress acting on the liquid are increased by the suction of mass effect, thus producing
reductions in the condensate layer thickness which tend to increase the local heat
transfer coefficient.
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3.1.5 Yuann et al. Model

In conjunction with the experimental work of Ogg, Kageyama and Kuhn, Yuann et al20,
undertook a theoretical research work in order to provide more detailed insight on the
local condensation heat transfer characteristics for condensation from mixtures flowing
downward inside vertical tubes. The development of this numerical model was focused
on the PCCS condensers performance of the SBWR design.

The system under study is showed schematically in Figure 9. The vapor-gas mixture
enters into the condensing tube at z=0 with fully-developed velocity, uniform pressure,
uniform temperature and uniform noncondensible gas mass fraction. The steam begins
to condense on the tube inner wall of temperature Tw(z) which is maintained below the
steam saturation temperature by a forced cooling water flowing upward in an annular
cooling jacket. A condensate film is formed at the tube inner wall and a mixture of
uncondensed vapor and noncondensable gas flows as a core in the central part of the
tube and constitutes a concurrent annular film two-phase flow.

Vapor-Gas Mixture
P 0 ' Tm,0> vz,m<°»r>' °>g,0

liquid film

:ooling water —
annulus

condenser tube

insulated
cooling
jacket

cw

Figure 9. System schematics for condensation inside a vertical tube
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The condensation problem was approached through the solution of the coupled
fundamental conservation equations for mass, momentum, species concentration, and
energy in the gaseous phase as well as mass, momentum and energy in the condensate
film. For turbulent flow in liquid film or in gaseous phase, additional low Reynolds
number turbulence k-s equations were employed for the determination of eddy
viscosity, which is required when solving the momentum equations. The heat-
momentum analogy was employed for the related eddy thermal conductivity. Assuming
the liquid film surface to be smooth, steady state boundary layer type conservation
equations in two-dimensional (r,z) coordinate system were formulated. The waviness
effects of liquid film are treated separately using the appropriate waviness effect model.
This is made by incorporating an empirical correlation for correcting the friction factor
and hence the shear stress at the interface while still employing the steady state
conservation equations. The correlation proposed by Wallis was used for accounting for
the film waviness.

f = 0.005 (1 + 300—) (3.27)

The effect of waviness at the liquid film is then to increase the interfacial shear stress.
The increase of the interfacial shear stress will cause the liquid film thickness to be
thinner and increase the condensation heat transfer coefficient.

The governing equations can be cast into a general form of

A(pvz(j)) + IA (rpv rè) = I ^ ( r ^ ^ ) + S6 (3.28)
dz r er r or er

where <j> stands for the dependent variable, t>^ and S© are the general diffusion
coefficient and source terms, respectively.

This equation was integrated over a control volume, assuming uniformity of the
variables over the surface of the control volume. The central difference scheme was
applied to the diffusion terms and the upwind scheme to the convection terms, to obtain
a final finite-difference form of the generalised differential equation.

The grid structure was defined as function of the condensate film thickness, which was
determined during the iterative calculation through a differential energy balance. The
total heat transfer at wall must be equal to the sum of three terms: the energy gained
from condensation, the energy from, condensate subcooling, and the sensible heat
transfer from vapor-gas mixture.

„ 0 dim , d H , . ÔTmq 27rRdz = hf dz + ——dz-k_—-21

T. lii i i IÎ1 -,

" dz dz or

being H the enthalpy of subcooling.

27t(R-8)dz (3.29)
r=R-5
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This differential energy balance is used to determine the required liquid film thickness S
at certain axial position or the required dz for a certain liquid film thickness during the
iteration calculation at each axial position.

The model has been used to calculate the experimental data obtained by Kuhn21,
Siddique17 and Vierow22'2j including pure vapor condensation and condensation with
noncondensable gas. Figure 10 shows the comparison between the experimental and
predicted values of the heat transfer coefficient for the Kuhn experiments.
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Figure 10. Yuann model predictions compared with the
experimental data from Kuhn

Local key parameters such as liquid film thickness, heat transfer coefficient, tube inner
wall temperature, interface temperature and so on have been compared between
experiment and simulation and reasonable agreements have been obtained. In general
the model can provide many local flow and heat transfer characteristics, such as profiles
of eddy viscosity, velocities, temperature, gas partial pressure and concentration;
superheat, supercooling, liquid film thickness, interfacial shear stress, heat transfer
coefficient, tube inner wall temperature, and capability, to the extent that the model is
validated by comparisons with some overall experimental results, it may also be used to
gain better insight concerning the finer details such as radial profiles of important
variables.

3.1.6 PSI Model

The PSI researches have developed a simple model to estimate the performance of a
vertical condenser tube in the presence of noncondensable gases"4. The model is integral
in nature and the secondary side of the condenser is also taken into account so that the
model is fully predictive and depends only on geometry and thermal hydraulic inlet
conditions for the hot and cool sides of the condenser.

The model start with a momentum balance including the interfacial shear stress. By
applying the x-momentum balance for a small liquid element (Figure 11) with the
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assumption of laminar film and integrating twice, an expression for the velocity profile
is obtained.

•-i-y (3.30)

Steam-Noncoodeasabk
Gas Mixture

Condensate
Film

Figure 11. Illustration of the PSI film condensation model

The condensate flow rate is obtained by integrating the velocity profile over the film
thickness.

n a i f ôp)è ô_ p g + x

Because condensation is a high mass-transfer phenomenon, the gradients near the film-
gas interface are steeper than those predicted by low-mass transfer correlations, thus
leading to greater friction factors and Sherwood numbers. To correct for friction the
Kav correlation is used in the estimation of the interfacial shear stress.

exp(<(> )

v , / U
f n / 2

(3.32)
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Because the condenser hot and cold side conditions vary along the vertical axis, the
condensate flow rate could be expressed as.

r = — F ( ô ) (3.33)

At steady state conditions, differentiating the above expression, the dF can be equated
with the incremental vapor mass flow towards the wall, and assuming a laminar
condensate film where the conduction is the dominant heat transfer mechanism, the
following equation can be derived.

ox

The integration of the above equation yield to the following non-linear equation in ô

R(8 (x + Ax)) = R(8 (x)) + V k ( T i " T ' v ) Ax

(3.35)

where R(ö)= p g --f- — +x, — + T'¡ —
'v ox; 4 3 8

In the above equation T¡ represents the equilibrium temperature at the interface between
the gas and the liquid phases. In the absence of noncondensable gases, T¡ is simply the
vapor bulk temperature Tx. When noncondensable gases are present, a diffusion
boundary layer is formed due to condensation at the wall, and hence the interface
temperatures become lower than the bulk temperatures. Therefore, finding the interface
temperature requires addressing the mass transfer problem.

The diffusive mass transfer of the gas can be estimated by invoking the heat and mass
transfer analogy. The mass transfer rate is estimated from the Gnielinski14 correlation
and, as with friction, the correction for high mass transfer rates is made by using the
Kays" and Moffat correlation.

Since in the actual condensers the wall temperature is not known a-priori and its local
value depends on the flow dynamics and heat transfer conditions on the hot and cold
sides, the above equations must be supplemented with relations which express the heat
balance between the condenser hot and cold sides. Therefore, the steady-state heat flux
can be written in three different forms.
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q =

_ 1 f

q =•

k(Tw-Tw0)

rln(I + ô w / r )

r + ô

(3.36)

hc(Tw0-Tc)

The solution algorithm depends on the direction of the gas and coolant flows. The
procedure for the case when vapor flows from top to bottom while the coolant flows in
the countercurrent direction is as follows:

Guess an exit coolant temperature (Tc.Out), an inside wall temperature (Tw), and an
interface noncondensable mass fraction (W¡).

Obtain the corresponding interface temperature using the Gibbs-Dalton ideal gas
mixture equation, and calculate the friction correction factor as well as the
interface shear stress.

Solve the non-linear equation for the film thickness and obtain an improved
interface mass fraction until the iteration converges.

Compute the heat flux across the condensate film, the outer wall temperature and
the improved inner wall temperature using the above three equations.

Prepare the initial parameters for the next axial location.

The models has been compared with the experimental results from Kuhn21 with a good
prediction of the experimental trends (Figure 12).
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3.2 ANALYTICAL MODELS FOR HORIZONTAL TUBES.

The information regarding steam condensation inside horizontal tubes with
noncondensible gas present is even scarcer than that corresponding to the vertical
geometry. Only one approximate model has been found in the literature review, which
is described on the next subsection.

3.2.1 Rose Model

Rose23 dealt the problem of condensation in the presence of a non-condensing gas in a
horizontal cylinder providing approximate equations for calculating the transfer rate of
vapor to the condensate surface. The results were based on the uniform-property
boundary-layer equations. In the boundary layer analysis the momentum, energy and
diffusion equations for the vapor-gas mixture and the momentum and energy equations
for the condensate film have to be solved simultaneously subjected to the appropriate
boundary conditions.

In the basis of the Sparrow analysis5, the thickening of the condensate film leads to a
decrease in the condensation rate in the direction of flow such that v <x x"1/2.
Furthermore, for the thermodynamic equilibrium at the liquid-vapour interface, the
interface temperature and composition of the mixture are independent of x. Under these
conditions the diffusion problem for the vapour-gas boundary layer becomes identical to
the case of heat transfer for flow over an isothermal plate with surface suction, and from
dimensional analysis the following equation is suggested,

NuRe- I 2=0.57Pr 1 3c(ß,Pr)+ß Pr (3.37)

where ß = - —— Re12. and ç is defined by.

c = ( l + a ß b P r c ) " ' (3.38)

being a.b and c positive constants near the unity.

The diffusion equation for the vapour-gas boundary layer is identical in form to the
energy equation by changing the Nusselt and Prandtl numbers by the Sherwood and
Schmidt numbers, respectively.

ShRe'1 2=0.57Sc l i 3c(ß,Sc)+ß Se (3.39)

The condition that the condensate surface is impermeable to the non-condensing gas
gives:



m W,
K„ = — — , co =•1-co Wo

(3-40)

ß=(m/puJRel/2

ShRe"1'2 =ß SC/(1-CÛ)

Thus, the above equations together with the diffusion equation may be solved
simultaneously to give the relationship between co and either of the parameters
containing the condensation rate, i.e. ShRe"l/2 and ß.

Since the temperature and vapour composition at the condensate surface are related by
thermodynamic equilibrium condition, equation (3.41) -which relates the condensation
rate, the remote vapour composition and velocity and the composition, and hence
temperature, at the condensate surface) may be used in conjunction with an equation
relating the heat transfer rate (and hence the condensation rate) to the temperature
difference across the condensate film, to determine the heat transfer rate for the
specified bulk vapour conditions and condenser tube wall temperature. An appropriate
equation for the condensate film was obtained by Fujii et al" ,

ATk c [ { LIC ) { r A T k J A T k c u c

Taking the vapour as an ideal-gas mixture, the interface equilibrium condition gives

Wo= P-Psa^To) (3A3)

P-
M.

\

Equations (3.41), (3.42) and (3.43) may be solved simultaneously (using a suitable

iterative technique and taking q" = m hfl, ) to determine the corresponding heat fluxes.

The results of these approximate equations were compared with the experimental data
of Mills et al.28, who measured the heat transfer rate to a horizontal water-cooled
condenser tube in a downward flowing steam-air mixture (Table 2). The properties of
the condensate film were evaluated at Tw + (To - Tw)/3 as suggested by Sparrow et al.3.
The specific enthalpy of phase change was evaluated at To. For the vapour-gas mixture
the density and viscosity were taken as the arithmetic means of their values at, and
remote from, the vapour-condensate interface, the densities were evaluated on the basis



of ideal-gas mixtures. The good agreement between the observed and calculated values
over the whole range lends strong support to equation (3.41).

Table 2. Comparison of observation of Mills et al. with values calculated using the
Rose equations

W« (%)

0.11
0.45
0.75
1.01
1.30
1.62
1.94
2.29
2.62
2.94
3.70
4.13
5.43
6.30
7.10
7.88

Heat Flux
Experimental

95.6
67.3
69.0
68.5
68.5
65.7
66.0
67.3
66.1
65.4
52.7
51.6
41.5
39.8
37.8
34.7

(kW/nr)
Calculated

95.1
71.2
74.1
72.2
72.9
68.4
67.6
67.5
66.2
64.8
49.1
47.8
39.0
35.5
35.5
32.8

34



4. THERMALHYDRAULIC CODES.

Until recently, the best-estimate system codes used for safety analysis of nuclear
reactors did not directly address condensation in the presence of noncondensable gas.
These codes usually deal the noncondensable gas effect on condensation modelling by
multiplying the heat transfer coefficient, estimated with the usual models for pure
steam, by a correction factor. This correction factor, usually denoted as degradation
factor, takes into account the degradation in the condensation heat transfer which occurs
due to the presence of noncondensables. In the next subsections the models
implemented in the codes TRAC-BF1 and RELAP5/MOD3 for estimating the
condensation heat transfer coefficients and the corresponding degradation factors are
described.

4.1 TRAC-BF1 CONDENSATION MODELS.

4.1.1 Model Description

Four different models are used in TRAC-BF129 code for steam condensation •
calculations: the Nusselt1 horizontal tube equation, the Dittus-Boelter'0 correlation, the
McAdamsjl turbulent natural convection model and the Chenj2 forced-convection
model. The Figure 13 shows the logic used to select among the four models.
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Calculate HL, HV
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Calculate
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using Chen

Torced convecücn

Set HL, HV"
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Figure 13. Steam condensation model in TRAC-BF1



The Nusselt horizontal tube equation is always used to get an initial value for the liquid
and vapour heat transfer coefficients,

h, =0.725

h =0

g Pi
1/4

(4.1)

If the quality is greater than 0.71 the liquid film becomes thin and hi from the Nusselt
equation is linearly decreases from its value calculated at 0.71 to zero at 0=0.999. For
these high qualities, hv is obtained by interpolation between zero at 0=0.71 and the
maximum of the Dittus-Boelter, McAdams and modified Kays2i correlations at
0=0.999.

= 0.023

h . = 0 .

hv.lam = 4

D,

. 1 / 3

D „ l p r v
(4.2)

If any non-condensibles are present, the heat transfer coefficient are reduced by
multiplying by a factor based on the Russian jet data expression by Isachenko'",

O.168 q ( p y - P a ) 2

( l -a )P a Pi
(4.3)

If the particular fluid volume represents the containment, the heat transfer coefficients
calculated by the above expressions are used with no further corrections applied. For
normal fluid volumes, assuming that the void fraction is greater than 0.05 and the
quality is greater than 10~\ then Chen forced convection correlations are used. In order
to begin this calculation, the Lockhart-Martinellr4 factor is first calculated,

(4.4)

A Reynolds number factor is then calculated as

-i\0.736f = 2.35(y/'+0.213r' (4.5)

The three correlations (Dittus-Boelter. McAdams and modified Quays) are then used to
calculate three heat transfer coefficients.
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h,.n,rb =0.023

(4.6)

h 1.1am = 4

The highest of the three heat transfer coefficients is chosen as hforc. The modified heatig
transfer coefficient is finally calculated by using hfOrc and hi,oid, being the latter the liquid
heat transfer coefficient calculated as appropriate.

i ( l -a )h f o r c +ah l o i d T M -T W >5

-a (T -T ) a ( T -T ) (4-7)
-~f— -̂ hforc + ^ — ^ - hLold Tsat - Tw < 5

4.1.2 Code Improvements

Despite the models provided by TRAC-BFl for the steam condensation accounts for the
effect of non-condensible gas, there are some limitations in the modélisation of some
special scenarios. One of these is the Passive Containment Cooling (PCC) condenser in
the current advanced/passive boiling water reactor design. Two main problems arise
when one tries to simulate the behaviour of the PCC condenser tubes with TRAC-BFl.
The first one is that this code does not have adequate models to simulate the forced
convection condensation of steam in a vertical tube in the presence of non-condensible
gas. The second one is that TRAC-BFl does not include proper models to calculate the
heat transfer from the outside of the PCC condenser tubes to the IC pool under natural
convection conditions.

Under the TEPSS project the Polytechnical University of Valencia have developed a
special model to solve this problem"33. The model has been tested with the Berkeley
experiments and the suitable correlations for natural convection in vertical cylinders
have been implemented in TRAC-BFl. The implementation of the UPV model has
needed of some modifications in the code, since in TRAC-BFl the PCC condensers
cannot be simulated properly by means of combinations of TRAC-BFl components.
The modifications performed consisted in a new control system which divides the total
flow rate entering into the PCC by the number of tubes and thus allow to make
calculations with a single tube with the appropriate geometry and mixture mass flow
rate. Thus this new PCC model performs the following tasks:

The total mass flow rate entering into the PCC condenser is divided by the total
number of tubes.

Calculations are made with a single tube with the appropriate geometry and
mixture mass flow rate. The heat transfer rate, the condensate mass flow rate and
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the uncondensed steam-gas mixture mass flow rate of a single tube are then
evaluated.

The total heat transfer and mass flow rates are finally computed.

4.2 RELAP5/MOD3 CONDENSATION MODELS

4.2.1 Model Description

The RELAP5/MOD3 codej6 uses a six-equation formulation to handle the continuity,
momentum, and energy conservation equations (three equations for each phase). The
two-phase, single component model is extended to account for the presence of a non-
condensible component in the gas phase. The non-condensible component of the gas
mixture is assumed to be in thermal and mechanical equilibrium with the vapor phase.

Three different correlations derived for three specific situations are used in RELAPS for
the condensation heat transfer calculations:

Laminar film condensation on an inclined plane.

Laminar film condensation inside a horizontal tube with a stratified liquid surface.

Turbulent film condensation inside a vertical tube.

The first correlation is the standard Nusselt film condensation correlation', and the
second is basically a modification to the original theory,

h = 0.296
- P v ) k , 3

H (Tal - Tw ) D

The third correlation was given by Carpenter and Colburn,

0.5

^ P r ^ 5 T , 0 5 k, (4.9)

(4.8)

The condensation heat transfer coefficient calculated from the foregoing correlations is
reduced when the non-condensible gas is present. The following reduction multiplier
factor is used,

pf(ReE) . P
(4.10)

being pmin the minimum pressure in the steam tables and f(Re2) the following function
of the Revnolds number.
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f(Re„) = — (4.11)
e 1 +0.0001 Re a

Thus, the code accounts for the presence of non-condensible gases by reducing the heat
transfer coefficient calculated without the presence of non-condensibles by multiplying
with a reduction factor. This reduction factor is a function of the non-condensible gas
concentration and is used whenever the non-condensible gas concentration is > 0.0001.

4.2.2 Code Improvements

The problem with the RELAP5/MOD3 formulation is that there is no theoretical basis
to the reduction factor model. The reduction factor frequently overpredicts the heat
transfer coefficients. Moreover, the Nusselt heat transfer coefficient is based on very
strict assumptions such as linear temperature profile in the liquid film or laminar fluid
flow in the film, which are rarely encountered in practice. Therefore, there is a need of a
condensation model based on first principles rather than relying on simple correlations.

Banerjee et al/7 have introduced into RELAP5/MOD3 a new condensation model,
based on the Peterson et al. work, to overcome the above mentioned limitations. When
noncondensibles accumulate at the liquid-vapor interface, the interface saturation
temperature is reduced below the bulk saturation temperature. The heat flux through the
vapor-liquid interface is the sum of the heat fluxes due to latent and sensible heat
transfer through. This heat transfer should equal the heat transfer through the
condensate film, the wall and the external resistance (the secondary side resistance).
Sensible heat transfer becomes the dominant factor in case of large gas concentrations
while at small gas concentrations the condensate film resistance becomes important.

The improvement of the RJELAP5/MOD3 condensation model can be summarised in the
following procedure steps:

The bulk partial pressure of the noncondensihle gas is first calculated and,
assuming that the steam and noncondensibles in the mixture are perfect gases, the
number of moles of the gas and the vapor are calculated.

The interface gas concentration is assumed to be slightly greater than the bulk
concentration.

xai=\ax +0.001 (4.12)

The next step is to calculate the necessary mixture properties using the appropriate
gas mixture model. The properties necessary are the local mixture density, the
local mixture viscosity, the diffusion coefficient, the mixture thermal conductivity
and the specific heat of the mixture. This properties are calculated as the
arithmetic mean of the interface and the bulk concentrations and temperatures.

In order to calculate the condensate film heat transfer coefficient, the film heat
transfer resistance needs to take into account the fact that the temperature in the
film is not necessarily linear, the flow mav not be laminar and the film surface
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may be wavy. The heat transfer coefficient for concurrent vertical flow is given by
the following correlation,

Nu.. =

,0.333

0.31Re5
- .32

1.33

2.37 10 14
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771.6 T/

0.5

(4.13)

where x¡ is the dimensionless form of the interfacial resistance.

1.117 0.156

For countercurrent flow, the appropriate proposed relations are,
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where RQ&.X is the local film Reynolds number and Rey is the Reynolds number if
the entire vapor was condensed.

The next step is the calculation of the Sherwood number for mass transfer and the
Nusselt number for sensible heat transfer by,

(4.16)
Sh = min(Cc Rev

os Sc06 ;10) . Cc -0.023(4.954 10"4 Ref +0.905)

Nu = min(Cs Rev
os Pr06 ;10), C5 =7CC

The condensation and the sensible heat transfer coefficients are calculated as.

hc = S h k d / D

h s = N u k s / D
(4.17)

The local heat flux is calculated by,

T -T..
(4.18)

l / (h s +h c ) + l/hf

From this, the interface temperature and concentration are given by,
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(hc+hs)
(4.19)

If this temperature and interface concentration are almost equal to the guessed values,
then no further iterations are made and the heat flux is calculated from the above
equations.

The RELAP5/MOD3 modified has been used to simulate the MIT experiments17 with a
good experimental-predicted values for the heat transfer coefficient (Figure 14), while
the unmodified RELAP5/MOD3 performed very poorly when compared with the
experimental results.
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Figure 14. Heat transfer coefficients predicted by RELAPS and RELAPS modified
against the MIT experimental data
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5. REVIEW OF THE EXPERIMENTAL DATA AVAILABLE.

A great amount of experimental information on condensation phenomena is available in
the literature. Most of them are focused on pure steam condensation in several
geometries: vertical walls, and horizontal and vertical tubes. It was suggested that
information developed for condensation on vertical plates might be applied to
condensation inside tubes when the liquid film thickness is much smaller than the tube
diameter. This is reasonable for condensation of pure vapor, however for the case with
noncondensible gas present the gaseous boundary layer will tend to fill tube and there is
no longer a constant ambient vapor-gas reference state for the heat and mass transfer
problem. Thus, experimental data for the local heat transfer coefficient in the presence
of a noncondensible gas was needed.

On the other hand, the SBWR design development promoted a great interest on the
effect of noncondensable gas in the condensation phenomena, since their passive
cooling systems are supposed to condense steam-gas mixtures in order to reduce the
pressure and temperature. Consequently, several experimental programmes were
undertaken in this regard.

Next, the most recent and available experimental projects regarding condensation of
steam with the presence of noncondensible gas in both vertical and horizontal tubes are
presented.

5.1 MIT EXPERIMENTS

The MIT experimental programme ' on forced-convection condensation on steam in a
vertical tube in the presence of non-condensible gas was focused on the PCCS
performance of the Simplified Boiling Water Reactor (SBWR). An experimental
investigation was conducted to determine the local condensation heat transfer
coefficient of steam in the presence of air or helium flowing downward inside a 46-mm-
i.d. vertical tube. Helium was used to indicate the effects of hydrogen because of the
similarities in the thermophysical properties of the two gases, avoiding also the potential
risk associated with handling hydrogen. Emphasis was placed on obtaining data
spanning the range of inlet non-condensible gas concentrations, operating temperatures,
and steam flow rates, which would simulate the operating conditions of the isolation
condenser (IC) in a LOCA. Heat transfer correlations were formulated from the data
collected, which permit a localised description of the system in terms of the effects of
noncondensable gas concentration, the dynamic gas motion, and the thermal driving
force of the wall subcooling.

The experimental apparatus consisted of an open cooling water circuit and an open non-
condensible gas-steam loop, as shown in the flow diagram of Figure 15. Steam was
generated in a cylindrical stainless steel vessel, by boiling water using four immersion-
type sheathed electrical heaters. Compressed air or helium was supplied to the base of
the steam-generating vessel. Thus, the vessel also served as a mixing chamber, where
the non-condensible gas attained thermal equilibrium with the steam and formed a
homogeneous mixture with it while rising up. The non-condensible gas-steam mixture
left the pressure vessel from the top towards the test section, which consisted of a single
vertical stainless steel tube inside which condensation would occur. The condenser tube
(Figure 16) dimensions were 50.8-mm-o.d.. 46.0-mm-i.d.. and 2.54 m effective length.
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The non-condensible gas-steam mixture flowed down through the tube while cooling
water flowed countercurrently up through the annulus.
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In order to calculate the local heat transfer coefficient, the local non-condensible gas-
steam mixture bulk temperature, local inner wall temperature, and the local heat transfer
flux must be known.

The local inner wall temperature was measured directly, and the local heat flux was
obtained from knowledge of the coolant temperature profile. From a steady-state energy
balance on the coolant.

me cn dT
q"(x) = — ^ - r - M x ) (5.1)

i tD dL

The slope of the coolant temperature profile was determined from a least-squares
polynomial fit of the coolant temperature as function of condenser length.

From a sectionwise steady-state heat balance, the sectional condensate flow rate was
obtained.

= AmchfH (5.2)

The local condensate flow rate at a particular location is the sum of the incremental
condensate flow rates up to that point. The local steam flow rate was determined by
subtracting the local condensate flow rate from the known steam flow rate at the inlet to
the test section. As the non-condensible gas flow rate is constant, knowing the local
steam flow also fixes the local non-condensible gas mass fraction as.

\Vn (x) = • (D.3)

nin.m + m v ( x )

Using the total inlet pressure and the local non-condensible gas mass fraction the local
steam partial pressure is determined by using the Gibbs-Dalton ideal gas mixture
equation. The latter was used along with the steam tables to obtain the local bulk steam
temperature. Finally, the local condensing heat transfer coefficient was obtained as

1*0 = f i f - (5.4,

5.1.1 Air-Steam Experiments

Experiments were performed for air-steam mixture inlet temperatures of 100, 120 and
140 °C. At each inlet temperature the steam flow rate was varied as well as the inlet air
mass fraction. The main observations of the air-steam tests results were:

The Reynolds number decreases down the length of the condenser because of a
removal of steam by condensation decreases the total mixture mass flow rate. The
greater decrease in the Reynolds number occurred for the low air mass fraction
tests as expected due to the low air flow rate associated with it.
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The heat flux at the inlet decreases as the inlet air mass fraction increases.

As the inlet temperature increases, the average heat flux increases with a
consequent decrease in the condensing length. This should be expected because
greater wall subcooling increases the thermal driving force for heat transfer, and
the higher pressure associated with higher inlet temperature leads to a greater
number of molecular collisions helping in the diffusive transport of energy.

As the mixture inlet Reynolds number increases, the average heat flux over the
length of the condenser increases, identifying the mixture Reynolds number as
one of the important parameters in the convection process.

In pure vapor condensation, the condensate film provides the only heat transfer
resistance, whereas if small amounts of a noncondensabie gas are also present, then the
main resistance to heat transfer lies in the gas-vapor boundary layer. Under forced-
convection conditions, the resistance of the condensate film diminish. As it gains
momentum from the gas phase, the film becomes thinner, its velocity increases, and
turbulence is initiated at much lower values of the Reynolds number. Turbulence
promotes rippling and waviness in the film, which further reduces the film heat flow
resistance by inducing convective heat transfer that enhanced the conduction in the film.
Based on this discussion, the authors concluded that in forced convection, the gas-vapor
boundary layer was the controlling resistance. Toward the end of the condensing tube,
the gas-phase Reynolds number decreases, and the film thickness increases. Since the
noncondensabie gas concentration also increased, the noncondensabie gas is the major
resistance to heat transfer in the gas-vapor boundary layer.

The governing conservation equations of the air-vapor boundary layer were used as a
basis for defining the appropriate nondimensional groups for correlating the
experimental data. Since in the isolation condenser most of the heat transfer took place
in the first 0.5 to 0.6 m of the condenser tube, it was suggested as important to consider
the developing flow effects in the heat-mass transfer model. The experimental results
were thus correlated bv.

f w - w V'144

Nu(x) = 6.123 Re0223 — ^ ^ J a " 1 - (5.5)
V a.w I

which applies in the range of the experiments; 0.1 < Wa < 0.95, 445 < Re < 22700. and
0.004 < Ja < 0.07.

Figure 17 shows the comparison of the Nusselt numbers as calculated by equation (5.5)
with the experimental data, showing that the correlation model explains 88.5 % of the
variability in the data.
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5.1.2 Helium-Steam Experiments

The helium-steam mixture experiments were performed for inlet temperatures of 100,
120, and 140 °C. As in the air-steam experiments the steam flow rate was varied as well
as the inlet helium mass fraction. The same observations regarding the axial variation of
the mixture Reynolds number and heat flux with increase in inlet mass fraction of non-
condensible gas and the effect of increasing the inlet mixture temperature on the heat
flux profile were made for helium-steam tests.

By using the same methodology as in air-steam tests, the helium-steam experimental
data were correlated by a similar expression,

= 0.23Re°-s0.51 W - W
vvHe.\v V VH

, 2 . 1 0 9

w
Ja" (5.6)

He.w

which applies in the range of the experiments: 0.02 < WHe < 0.52, 300 < Re < 11400,
and 0.004 < Ja < 0.07.

Figure 18 shows the comparison of the Nusselt numbers as calculated by equation (5.6)
with the experimental data. It can also be observed the good agreement between the
experimental and theoretical values of Nusselt numbers.
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Comparing the experimental results for the air-steam and helium-steam tests it was seen
that, under the same boundary conditions and considering the same noncondensable gas
mole fraction, the air has a more inhibiting effect on the heat transfer. This is because of
the poor diffusive properties of air compared with helium. However, maintaining the
same noncondensable gas bulk mass fraction, helium has a more inhibiting effect on
heat transfer. The reason for this behaviour is that for the same mass fraction, the effects
of helium are more pronounced because the number of helium molecules diffusing is
greater.

The consolidated data from both the air-steam and the helium-steam investigations were
correlated by the following final expression.

W - W
Nu(x) = 0.381 Re0356 1MV "

\0.91S

W.,
Ja -1.119 Se -0.152 (5.7)

which applies in the range of the experiments: 0.1 < Wa < 0.95. 0.02 < \\;He < 0.52, 445
< Rea < 22700, 300 < ReHe < 11400. 0.004 < Ja < 0.07, and 0.2 < Sc < 0.7.

Regarding the above correlation, the authors suggest that for any other vapor-gas
combination different from air or helium, this latter correlation could be employed for
determining the local mixture Nusselt numbers, but with caution, since further
experimentation with other different types of vapor-gas mixtures is needed to verify the
validity of this equation.
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5.2 BERKELEY EXPERIMENTS

The Berkeley University performed an experiment designed to study the behaviour of a
natural circulation condensation closed loop when operating with a non-condensible gas
inventory~~'~J. The experimental results were aimed at being used in evaluation of an
Isolation Condenser design for GE's Simplified Boiling Water Reactor. Thus, the
Berkeley experimental study was undertaken to provide the necessary heat transfer
results for a design correlation and to investigate flow stability and operating limits.

The main objectives of the Berkeley experimental programme were the following:

Achieve steady-state operating conditions in the presence of a noncondensable
gas.

The computation of local heat transfer coefficients of steam-air mixtures for
various noncondensable gas mass fractions and inlet vapor flow rates.

The development of a correlation for heat transfer coefficient degradation factor
in terms of local air mass fraction and local condensate film Reynolds number.

And finally, learning on stability characteristics and the operating limits of a
natural circulation isolation condenser.

The experimental facility consisted of the following basic components (Figure 19):

The closed natural circulation loop consisting of a lower plenum, a riser, a
condenser and downcomer.

A boiler and steam lines for injecting steam into the plenum of the loop.

A condensate drain system

A water storage reservoir and transfer pumps.

The boiler consisted of a vertical cylindrical stainless steel vessel nominally 0.3 m in
diameter and 3 m in height capable of sustaining internal pressures up to 3.45 MPa,
from which steam was injected into the loop plenum. The plenum was a vertical 1.42 m
length of 10 cm diameter stainless steel pipe closed at the bottom by a welded disk and
fitted with a flange at the top for connection to the downcomer. The 1.2 cm diameter
downcomer extended into the plenum to the level of steam injection. This was intended
to promote mixing in the plenum before the steam-air mixture entered the 5 cm diameter
riser near the top of the plenum. The condenser was a 2.54 cm cooper tube of 22 mm-
i.d. and 2.1 m length, enclosed by an annular cooling jacket. The cooling jacket was
made in four flanged axial segments with mixers at each flange to allow accurate
measurement of the cooling water bulk temperature at axial intervals.

In these experiments the air mass fraction was varied from 0.0 to 14.0 % and five heater
power levels in the boiler were used. A total of 36 runs were performed, reaching
stability conditions in only 18 of them. The main experimental parameters are show:ed
in Table 3. In 12 tests, condenser tube temperature profiles at steady state showed what
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was termed as a "temperature inversion". The tube wall temperature first increased with
distance from entrance until certain location, at which the trend reversed and the
temperature decreased monotonically to the cooling water temperature. This
phenomenon occurred for low air mass fraction cases and was more persistent as the
heater power increased.

,TC

WATER
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F ROW METER
PG PRESSURE GAUGE
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TC THERMOCOUPLE

COOLING
WATER

Figure 19. Diagram of Berkeley experimental system

The amount of energy removed from the system could be monitored by observing the
temperature rise of the cooling water, which was constant at steady-state. However, in
three cases of higher air content, a steady state was reached after the loop experienced a
period of oscillatory behaviour. The two causes of oscillations were a high air mass
fraction and a change in the level of the condensate in the plenum.

Table 3. Experimental conditions of the Berkeley experiments

Parameter

Steam flow rate (kg/s)

Air mass fraction (%)

Condensation length (m)

Pressure (Pa)

Gaseous mixture temperature (K)

1.6

3.0

Value

10"3-5.25

0.0-14.0

0.4-1.25

104-4.52

345 -419

10"3

105
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Axial profiles of cooling water temperature were measured by five thermocouples
suitably positioned. These profiles were fit with analytic functions, which were
differentiated and used to calculate the local heat flux from the energy equation for the
cooling water.

q ( 2 ) ^
Ti D dz

The local condensate flow rate was then calculated from

Local heat transfer coefficient was estimated by,

h(z)= q " ( z ) (5.10)
TMt(z)-Tw(z)

where Tsat was found from the local steam partial pressure and the inside wall
temperature was found from the measured outside wall temperature and the calculated
temperature drop through the tube. The experimental results w:ere correlated in terms of
a degradation factor, i.e. the ratio of the experimental heat transfer coefficient to the
theoretical one. The latter was referred to as the Nusselt coefficient.

Two factors influencing condensation were observed. As condensate flow rate
increases, the heat transfer coefficient decreases. The liquid boundary layer and thermal
resistance grow, as expected. The second factor was the non-condensible effect. A
higher mass fraction leads to a thicker air boundary layer along the length of the tube
which inhibits the condensing process. At a given local condensate flow rate, the heat
transfer coefficients increased with power level, or steam flow rate. This result was
expected, since for the larger steam flow rates into the condenser, the velocity of steam
with respect to the liquid film is higher. The interfacial shear stress cause an
improvement in the heat transfer rates over the lower steam flow rate cases by lowering
the film resistance to heat transfer.

The experimental results for some tests are showed in terms of the degradation factor in
Figure 20. In some runs the degradation factor was less than unity, being this a result of
the combination of high mixture Reynolds number and low air mass fraction so that
interfacial shear overpowers any degradation caused by the air.

The actual heat transfer coefficient will differ from the Nusselt value for two typical
reasons. First the interfacial shear will tend to reduce the film thickness in downflow,
and this tends to reduce the thermal resistance of the film. Second the accumulation of
air at the interface reduces the steam partial pressure there, depresses the interface
temperature and thereby reduces the condensing heat transfer coefficient. Therefore, the
authors used a correlation of the form.
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X I t 1 -y (5.11)

where F¡ is a function of the gas phase mixture Reynolds number and F2 is a function of
the local air mass fraction. To develop the correlation, data were plotted for each run
and the results were then extrapolated graphically to zero air mass fraction. From these
results the factor Fi was found to be well represented by

F, = 182.8810"5Rem
118) (5.12)

To obtain the dependence upon the air mass fraction with the correct limits the choice
was

F2 = ( l -CW a
b ) (5.13)

The final correlation obtained for the degradation factor was.



F= (1 + 2.8810"5 Re m
l l s ) ( l -C Wa

b) (5.14)

where

C = 10, b = 1.0 for W a < 0.063

C = 0.938, b = 0.13 for 0.063 <Wa < 0.6

C = 1.0. b = 0.22 for Wa > 0.6

The form of the correlation was chosen so that the degradation factor would tend to the
expected limits. It accounts for two competing effects. First, the mixture Reynolds
number correlates the effect of interfacial shear which enhances the condensation rates.
As Reynolds number tend to zero the correlation factor Fi tends to unity. The interfacial
shear is most important near the condenser entrance where Reynolds number is
maximum. The second effect is the degradation of heat transfer caused by the gas side
thermal resistance due to the presence of noncondensable gas and is correlated by the
local air mass fraction. The factor FT ranges from unity for Wa=0 to zero for Wa=l, as it
should. The correlation is valid for the full range of Wa and for Reynolds number up to
27000.

5.3 Lee and Rose EXPERIMENTS

Accurate and repeatable heat transfer data were obtained by Lee and RosejS for
film wise condensation from pure vapours and vapour-gas mixtures flowing downwards
over a single horizontal tube. One of the main objectives of this experimental
programme was to validate the theoretical work performed by Rose26 for condensation
inside horizontal tubes in the presence of non-condensible gases. In this regard, several
tests were performed with other vapour-gas combinations and covering wide ranges of
composition, vapour velocity and condensation rate.

The approximate ranges of the variables used were: pressure (4 - 124 kPa), heat flux
(12 - 455 kW m"2), vapour velocity (0.3 - 26 m/s), gas mass fraction (0.02 - 32 %). The
apparatus for the experiment is schematically showed in Figure 21.

The vapour was generated in three stainless steel boilers and the non-condensing gas
was passed, via a flowmeter, to the base of the boilers. The vapour-gas mixture flowed
vertically downwards via a calming section to the test section where the horizontal
condenser tube (diameter 152.4 mm) was located. Vapour and condensate from the test
condenser tube passed into the auxiliary condenser located directly beneath the test
section. Finally, the auxiliary condenser was vented and the condensate was returned by
gravity to the boilers. Steam and Refrigerant-113 were used as condensing fluids; air
and hydrogen were chosen as non-condensing gases. The condensing (exposed) length
was 109.5 mm.

The mean heat flux to the condenser tube was obtained from the coolant flow rate and
the temperature rise. The coolant inlet and exit temperatures were measured by copper-
constantan thermocouples, the exit temperature being measured after a well-insulating
mixing section. The local tube surface temperatures were calculated from the observed
wall temperatures using the mean heat flux to make a small correction for the depth of
the thermocouples below the surface. The mean tube surface temperature was taken as



the arithmetic mean of the four local surface temperatures. The vapour mass flow rate at
the test section was obtained from the precisely-measured heater power input to the
boilers by application of the steady flow energy balance for the condensing fluid and
noncondensing gas streams. The gas mass fraction was calculated by two methods: from
the mass flow rates of the gas and the vapour, and from the pressure and temperature
measurements in the test section assuming saturation conditions and the Gibbs-Dalton
ideal-gas mixture equation. Excellent agreement was found between the gas mass
fraction given by both methods.

T denotes thermocouple location (5

Figure 21. Lee and Rose experimental facility

In order to evaluate the results for the vapour-gas boundary layer, it is necessary to
determine the temperature (and hence the composition) at the vapour-condensate
interface, i.e. an equation relating the temperature drop across the condensate film to the
heat flux is needed. A correlation given by Fujii et al"7 (based on steam data only) was
used with the observed heat flux and mean wall temperature to determine the
temperature at the vapour-condensate interface. The vapour-gas composition at the
interface was then found from the equilibrium condition (Gibbs-Dalton equation).

The experimental results compared with the Rose" equation predictions for air and
hydrogen as noncondensable gas are showed in Figures 22 and 23. It may seen that the
data are smooth, consistent and in good agreement with the theoretical results. In
particular the data exhibit a clear Schmidt number dependence, in line with theory, and
the steam-hydrogen results are in close agreement with those for Refrigerant 113-air
which have similar values of Schmidt number. Therefore, the Rose17 equation, which
gives the gas-phase mass transfer resistance for horizontal tubes is in excellent
agreement with the experimental data for four vapour-gas compositions and for a wide
ranges of bulk composition, velocity, pressure and heat flux.
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5.4 Chan et al. EXPERIMENTS

As an extension of the experimental work of Limj9 et al. and in order to include the
effect of non-condensible gases on steam condensation, Chan40 et al. performed a series
of tests using the same experimental facility, which was slightly modified by the
addition of an air line to the steam inlet plenum. The experimental setup is showed in
Figure 24. A total of 60 experiments were performed varying the inlet steam and water
flow rate as well as the air mass fraction (Table 4 summarises the experimental matrix).
The inlet water temperature was 25 °C and the steam temperature varied from 105 °C to
120 °C.

Table 4. Experimental Matrix for the Chan et al. Experiments

Steam Flow (kg/s)
Water Flow (kg/s)

Inlet Air Mass Fraction (%)

0.065
1.0

0.02
0.15
0.55
1.5

j . j

0.065
1.36
0.02
0.15
0.58
1.4
3.4

0.09
0.7

0.02
0.15
0.55
1.5
3.0

0.09
1.0

0.02
0.15
0.57
1.4

0.09
1.36
0.02
0.15
0.55
1.5
3.3

0.13
0.7

0.02
0.13
0.36
1.6
-

0.13
1.0

0.02
0.15
0.55
1.5
-

0.16
1.0

0.02
0.14
0.57
1.36

-
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Figure 24. Schematic of the Chan et al
expérimentai facility

Local steam-air mixture velocity profiles were obtained by traversing the pitot tubes
from the water-steam interface to the top of the channel. The local steam-air mixture
flow rate was obtained at each station by integrating the velocity profile at that station.
In calculating the mass flow rate, average local air concentration was used. Detailed
calculation showed that the effect of nonuniform air distribution was unimportant in
deducing mass flow rate because the nonuniformity occurred only in the boundary



layer. Measurements were performed by varying the inlet air mass fraction from 0 to 3.4
percent for different steam and water inlet flow rates. The flow regime was concentrated
on the condition where both phases were turbulent, and the interface appeared to have a

39structure which corresponds to the regime of wavy interface reported by Lim et alJ .

When air is present, thermal resistance on the steam-air mixture is no longer negligible.
The local heat transfer coefficient is defined bv

(5.15)

where q is the condensation heat flux, wrhich can be obtained from

i
b dx

(5.16)

and T| is the bulk water temperature, which is a function of the distance from the
entrance, obtained from energy balance as,

h -a

T,(x) = -

mi(0)

mi(x)
(5.17)

being b the width of the channel and a and ß the following expressions,

a = h g -C p lT,(0)

ß=hfg+cp .v(Tm-T sa l)

The average heat transfer coefficient can be shown to be

(5.18)

x bx
ami(0)-mi(x)-mi(0) —In

(

vc

a

p.i

mi

nu

(0)-

(0)C

- ß mi

- T

(x)

' )

(5.19)

It was observed that, for the same steam and liquid inlet flow rate the condensation rate
decreased as the inlet air mass fraction increases. Thus in the downstream region, the
accumulated air layer at the interface significantly reduces the condensation rate. This
effect was especially pronounced for high inlet air concentration. Figure 25 shows the
local heat transfer coefficient, which is proportional to the slope of the steam condensate
measured.

A correlation for the average Nusselt number as function of the average steam-air
Reynolds number and air concentration was obtained from the experimental results,
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(5.20)

where Nuv is the average Nusselt number for pure steam condensation taken from
Limj9 et al. The above correlation shows that the ratio of Nusselt number not only
decrease with the average air concentration but also with distance downstream. This
dependence on steam-air Reynolds number is a result of the decrease of velocity
downstream by condensation.

5.5 RUSSIAN EXPERIMENTS

An experimental study was performed by Borishanskiy et al11'41'42 to investigate the heat
transfer in incomplete condensation of steam-gas mixture in a vertical tube. The effect
of the noncondensable gas on condensation of the steam-gas mixture in the tube was
determined, and recommendations for calculating the heat transfer under such
conditions were given.

The Figure 26 shows schematically the experimental facility employed in this
experimental programme. The range of the main variables covered in the tests is
summarised in Table 5.
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Figure 26. View of the Russian experimental
facility

Table 5. Experimental conditions for the Russian tests

Parameter
Pressure (Mpa)

Heat flux densities (W/m~)

Inlet flow velocities (m/s)

Discharge vapor qualities (%)

Volumetric noncondensible gas fraction (%)

Condenser tube length (m)

Inner diameter of the condenser tube (mm)

Range
0.8-3

1.5-450 103

2 - 5 0

<0.5

0.26-2.5

10

The pressures and temperatures of the media, the temperature of the condenser tube, the
quantity of the condensate, the condensate level in the separating vessel and the supply
of gas to the test tube were monitored during the tests. The quantities measured were the
following: the volume of the condensate flowing from the test condenser and from the
end condenser, the pressure and the temperature at the inlet to the condenser tube, the
tube wall temperature, the pressure and temperature in the cooling loop, as well as the
flow rate of the noncondensing gas entering and leaving the test section. The saturation
temperature of the steam condensing from the mixture was computed on the basis of its
partial pressure at the inlet to the condenser tube.
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Figure 27 shows the experimental data, in the form of a ratio of the nominal coefficient
of heat transfer for condensation of steam from the mixture to the coefficient of heat
transfer in condensation of pure steam, plotted versus the volumetric fraction of the
noncondensing gas entering the tube. As a result, the authors founded the following
expression,

(5.21)
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Figure 27. Ration of heat transfer coefficient vs. volumetric fraction
of noncondensable gas (Russian experiments)

By adding the additional experimental data regarding the pure steam condensation tests
the following final correlation was derived.

Nu
7.51(r3 A2 (5.22)

0.7
Nuo (1-0.25 y n )

being A a function of the Reynolds number, density, viscosity, Prandtl number and
steam quality.

This equation is recommended for tubes from 1.5 to 3 m long, inside diameters 10 to 20
mm, at pure-steam pressures from 0.8 to 7 MPa and mixture pressures from 0.8 to 3.0
MPa, exit vapor qualities between 0.02 and 0.5, values of A coefficient in the range of
2-200. and volumetric gas fractions to 2.5 %.
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5.6 Dehbi et al. EXPERIMENTS

Dehbi4"3 et al. performed an experimental investigation to determine the condensation
heat transfer coefficient of steam in the presence of air or air and helium on the outside
of a vertical tube. The objective of this experimental investigation was to determine the
dependence of the condensation heat transfer coefficient on pressure, wall temperature
subcooling, length, and noncondensible content of the gas mixture. Despite Dehbi
experiments were focused on condensation outside vertical tubes, it's been included due
to the interest of the influence of pressure and the correlations obtained with pressure as
one of the parameters.

The experimental test section (showed in Figure 28) consisted of a 3.5 m long water
cooled copper tube enclosed in a large pressure vessel. Known amounts of
noncondensible gas were admitted inside the vessel while steam was produced at the
bottom of the vessel. The vessel was fully insulated so that condensation took place
only on the cold copper wall. The horizontal pipe sections supporting the cylinder were
also insulated to allow condensation to occur exclusively along the vertical direction.
The 3.5 m copper section was subdivided into six equal 0.58 m sections so that axial
variation of the heat flux could be determined.

4.5 m 3.5 m

JL
Heau

HeliunT
Copper

— Condensing
Cylinder

| aa* - Coolant Water

— Boiling Water

0.45 m

Figure 28. Experimental test section of
Dehbi et al experiments

In the steam-air investigation, three sets of isobaric experiments were performed at
pressures of 1.5, 3.0 and 4.5 atm, respectively. The air mass fraction varied between
25% and 90%, while the wall temperature subcooling varied between 15 °C and 50 °C.
In the steam-air-helium cases, three sets of experiments were also conducted at
pressures around 3 atm. Helium mass fractions were 1.7%, 4.7% and 8.3%,
respectively.

In all experimental runs, a downward flowing thin film was observed on the condensing
wall. No evidence of film turbulence could be detected. After steady state was reached,
it was observed that the axial mixture temperature decreased systematically as one
moved away from the steam supply point. The observed equilibrium was dynamic;
steam entered the gas space from the bottom of the vessel with a velocity less than 0.05
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m/s. As it moved upward, some of it was condensing on the copper wail, observing a
gradual decrease in steam concentration with height.

In analogy with the Nusselt theory for pure steam condensation, the heat transfer
coefficient was assumed to depend on length and subcooling. Moreover, the initial tests
revealed that the system pressure and air content would have strong impact on the heat
transfer coefficient. The heat transfer coefficient could be expressed by,

h = La (Tx-T3)5 F(W,P) (5.23)

Where a. 5 and F are parameters to be determined experimentally.

In order to calculate the average heat transfer coefficients, two lengths were selected
(1.16 m and 3.5 m). For each length it was plotted F(W,P) as function of air fraction.
The experimental data points collapsed around a smooth curve with a = 0.05 and 8 = -
0.25. Finally, by using a least square fitting method an expression for the factor F(W,P)
was determined for the range of air content and pressures established in the tests.

[48 - 3081.6 log(W), for P -1.5 atm

F(W,P) = 89.1-3898.8 log (W). for P = 3 atm (5.24)

[l33.4 - 4456.8 log (W). for P = 4.5 atm

The correlation for the average heat transfer coefficient is then.

L003 ((3.7 + 28.7 P) - (2438 + 458.3 P) log (W) )

, -T5)0.25

Using the same methodology, a correlation for the steam-air-helium was founded.

L005 ((3.7 +28.7 P)-(2438-r 458.3 P) log (WHe + W J )

(TK-TS)025 ' He (5.26)

7.36WHe(WHe+WJ)

5.7 Kuhn et ai. EXPERIMENTS

A new experimental program was performed by Kuhn at el.21 using the lessons learned
from earlier experimental studies in the Berkeley University"™'3. The experiments were
done in supporting the PCCS performance of the SBWR design. The main objective
was to establish an extensive new database for steam, steam-air mixtures and steam-
helium mixtures in the condensation phenomena inside a vertical tube.

The experimental apparatus was an open loop comprised of metered steam and gas
supplies, an instrumented test section with an annular cooling jacket, a separator to
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divide the tests section effluent liquid and gaseous streams and a quench tank to
condense the residual steam. The test section (showed in Figure 29) was a 5.08 cm outer
diameter type 304 stainless steel tube with a 1.65 mm wall thickness. The tube was 3.37
m in length with an 81 cm adiabatic entrance followed by a 2.4 m long condensing
section and a short adiabatic exit section. The condensing section was provided by an
annular cooling jacket sealed at its two ends by O rings and held concentric around the
condenser tube by small radial nylon spacers inserted through the jacket wall. Cooling
water flowed upward in the annulus while the steam-gas mixture flowed downward
inside the condenser tube.
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Figure 29. Detail of the test section of Kuhn et al experiments
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The test matrix included 42 runs with pure steam, 71 runs with steam-air mixtures and
24 runs with steam-helium mixtures. The steam-air tests were divided into two series. In
the first. 32 runs were conducted at a pressure of 400 kPa and steam flow rate of 50
kg/hr while varying the air flow rate to give mass fractions of 1, 2. 3, 4, 6, 8, 10, 15, 20,
25, 30, 35 and 40%. Again approximately an equal number of tests were included to
demonstrate reproducibility. For the second steam-air series two sub-matrices were
selected using steam flow rates of 30 and 60 kg/hr and pressures of 200, 300 and 500
kPa, and gas fractions of 1, 5, 10, 20, and 40% were the matrix parameters. The steam-
helium tests were all run at pressure of 400 kPa using steam flow rates of 30, 45 and 60
kg/hr and gas mass fractions of 0.3, 0.5, 1, 3, 5, 10, and 15%.

The local heat flux at the inside surface of the condenser tube was calculated from the
energy equation for the cooling water.

mc„- cn dT fx)
q" = - ' , ' (5-27)

7i D dx

Form the heat flux in the condenser tube the experimental heat transfer coefficient was
obtained by,

(5.28)
T -Tsal.»

in which the bulk saturation temperature was found from evaluation of the local bulk
gas mass fraction. The latter was found by subtracting the condensate flow rate from the
inlet vapor flow rate to obtain the local vapor flow rate and noting that the gas flow rate
remains unchanged along the condenser tube.

The correlation of data in terms of the degradation factor was based on the Vierow-
Schrock~"~J correlation. Some modifications were introduced in the shear enhancement
factor to include dependence on the condensate flow rate.

F. =F| ,h« r+F,. cher (5.29)

where F i .shear — Ôo/ô, i.e. the ratio of film thickness without and with interfacial shear
stress, represents the first order effect of interfacial shear obtained from the simple
hydrodynamic theory, while Father accounts for deviations from the simple theory
(waves and other things). Thus the final correlations obtained where the following.

63



Steam - Air

F, =F,,hear (1 + 7.32 10"4Ref)
0.708

F - •
(1-2.601 M , ) for M a < 0 . 1

for M >0.1

Steam - Helium

F, =FLshear (1 + 7.32

F -

1.074
( l -35.81MH e

L ) for 0.003 < M H e < 0.01
0.457(1 - 2.09 M He
u"" ) for 0.01 < M He < 0.1

( l -M
0.137

He
for MH e>0.1

(5.30)

Figure 30 shows the comparison of the experimental degradation factor with the values
calculated with the above correlations for both steam-air and steam-helium mixtures.
The new correlations were found to represent well also the experimental data of
Vierow""iJ and Siddique 17
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Figure 30. Comparison of the predicted degradation factors with the experimental ones for
steam-air and steam-helium respectively (Kuhn et al experiments)

A correlation based on diffusion layer modelling with blowing was also derived by
Kuhn et al. The total wall heat flux (and overall heat transfer coefficient) may be written
in terms of several contributing or component coefficients.
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(5.31)
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The equivalent thermal resistance circuit is shown in Figure 31. The component
correlations are represented by correlations for turbulent convection without blowing,

Sh = 0.021ReUi>ScU3

Nu = 0.021 Re08 Pr05

hc = 0.021 (k c /D)Re0 8 Se05

h3=0.021(km/D)Re0SPr0-5

(5.32)

Figure 31. Equivalent heat transfer resistance circuit proposed by
Kuhn et al.

The effective Nusselt number for heat transfer to the interface is then defined as

Nu = -
q"D

(5.33)

^ j km(Tx-Tsau)

The final correlations obtained for steam-air and steam-helium mixtures including the
influence of blowing effect on the enhancement of heat and mass transfer are.

Nu
. , — = l + 0.046(-ßm)-"Ä for steam-air

0.021 Re°-sSc0-3

Nu
(5.34)

0.S a „0.50.021 Re u sSc
r = l + 0.126 (-ßm) for steam-helium
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6. FINAL CONCLUSIONS.

The current advanced and passive type reactors designs should cope with conditions
exceeding the design basis accident, that is, the severe accident. Prevailing conditions
include the presence of hydrogen and aerosol particles. Consequently, it is important to
ensure the correct perfomiance of the new proposed safety systems under these extreme
conditions. Since most of the safety systems for the reactor vessel and for the residual
heat removal in the containment are based on the achievement of condensation by
passive means, an increase of the interest on the condensation phenomena in the
presence of noncondensable gas and/or aerosol particles have appeared in the last few
years.

In this state of the art report on condensation phenomena inside tubes in the presence of
noncondensable gas, a review of the most recently information on theoretical models,
code modelling and experimental database available in the literature has been presented.
This review has been focused on the role of the noncondensable gas in the degradation
of the heat transfer towards the wall tube by condensation.

Regarding the analytical models reviewed, there are three main fundamental approaches
to address the condensation phenomena: the solution of the fundamental conservation
equations, the employment of the heat and mass transfer analogy, and the use of
correlations based on experimental data. The first approach consist of solving the mass,
momentum and energy conservation equations in the gas and liquid phase boundary
layer by using different procedures. Some specific numerical routines have been
developed in this regard, however, this approach is quite difficult to be implemented in
the actual formulations of the most commonly used codes. The second approach use an
energy balance at the gas-liquid interface, i.e. the heat transferred from the gas bulk
must be equated to the heat transferred through the condensate film. The mass transfer
coefficients are obtained from the heat and mass transfer analogy. The main problem in
this approach is the need of an iterative procedure to find the interface temperature.
However, some powerful procedures have appeared recently which make this approach
to be the most suitable for implementing in the codes. Finally, the use of empirical
correlations has been the approach most commonly founded in the actual codes. The
effect of noncondensable gas in the condensation phenomena has been modelled by
introducing a degradation factor which corrects the results of the condensation heat
transfer coefficient for pure steam. The problem is that there is no theoretical basis to
the reduction factor and in some cases it overpredicts the heat transfer coefficients, as it
occurs in RELAPS code. Therefore, some authors suggest the need to employ in the
code modelling a condensation model based on first principles rather than relying on
simple correlations, and some new models have been implemented in codes such as
TRAC-BF1 and RELAPS.

The development of the SBWR caused a great interest in the theoretical modelling and
experimental data on condensation inside vertical tubes in the presence of
noncondensable gas. The PCCS reduces both the pressure and temperature in the
SBWR containment by venting, using natural forces, a mixture of steam and
noncondensable gas towards the Isolation Condenser where the steam is condensed and
the noncondensable gas is purged to the suppression pool44. In consequence, a great
effort in modelling and several experimental programmes have been conducted to
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investigate the effect of noncondensable gas in condensation heat transfer inside tubes
under the characteristic conditions expected to be in the PCCS. In this regard, the
information available for vertical geometry is considerably greater than the
corresponding to other geometries, such as horizontal and slightly inclined tubes, for
which the information is rather scarce. This effort is still going on, it deserves to
mention the expeimental work being conducted in the PANDA facility (PSI) under the
TEPSS project43. A series of transient system tests are being performed in PANDA to
examine several new features introduced in the ESBWR46 design (an european
evolution from the 670 MWe SBWR). The test to be performed in the large scale
thermal-hydraulic facility PANDA will provide data about the PCCS start-up, the long-
term containment performance and the interaction of different systems under normal
accident scenarios as well as for challenging conditions47.

However, there is a need of a similar effort in the theoretical and experimental activities
regarding the effect on noncondensable gas on condensation in horizontal and slightlv
inclined tubes, since the hydrodynamic behaviour of the flow in such geometries is
quite different than the vertical tubes. In this regard, it is worth to mention the

A Q

experimental work being developed in the NOKO facility , where a series of tests •
using a bundle of slightly inclined tubes and a single near horizontal tube are being
conducted to investigate the condensation phenomena and the emergency condenser
capacity for supporting the SWR 1000 design49.

On the other hand, since the new passive system designs based on condensation
phenomena have to ensure their capability under severe accident conditions, the
presence of aerosols could be important in the effectiveness of such systems. In
consequence, a growing interest on the degradation of the condensation heat transfer by
the presence of aerosols is currently appearing. This issue has not been modelled so far
by any nuclear safety code. However, some experimental data has been extracted from
the AIDA experimental programme'0. The AIDA tests simulated the passive
containment decay heat removal system behaviour during a postulated severe accident
assuming a flow of aerosol particles carried by a mixture of steam and noncondensable
gas flow into the PCCS condenser unit. Similar experiments will be performed in the
STORM facility within the CONGA Project for the Fourth Framework EU
programme"1.

In conclusion, the new passive-type reactor designs currently under development would
require from the computer codes the capability to model the condensation phenomena
under rather extreme conditions, that is, the presence of noncondensable gas and even
aerosols. That means that an effort on developing suitable models able to predict
accurately the condensation heat transfer with noncondensable gas and even aerosols
present in the flow is needed, especially in horizontal and slightly horizontal tubes. Such
models should be suitable enough to be implemented in the actual formulation of the
most commonly used codes in the nuclear safety analysis field. This effort should be
accomplished by the experimental work needed for benchmarking the code capabilities.
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