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ABSTRACT

A critical speed condition for an overhung centrifugal compressor
was corrected through a relatively minor bearing modification.
The resonant condition was evaluated analytically through rotor
dynamic analyses (stability and forced response) which included
fluid film bearing characterization and rotor model generation
(experimentally evaluated by modal analysis). The importance
of adequate specification, inspection, and analytical character-
ization, of fluid film bearings are discussed. The effects
of unbalance on the stability of plain journal bearings are
also commented upon.



INTRODUCTION

The Oak Ridge Gaseous Diffusion Plant (ORGDP) utilizes a large number
of axial flow and centrifugal compressors in various processes for enriching
uranium. The axial flow units, used in large numbers for the actual diffusion
process, are relatively low speed and generally reliable. The centrifugal
units, while fewer in number, are used in critical peripheral processes for
both gaseous diffusion enrichment and advanced enrichment processes, such as
in the gas centrifuge enrichment program (GCEP). These compressors generally
have overhung rotors and operating speeds of 3,600 to 14,000 RPM. Downtime
associated with these units is costly as it can significantly impair plant
output.

In reponse to concern over the excessive vibration of a centrifugal unit
used in a test facility for the GCEP, a rotor dynamic analysis was performed
on the unit. This analysis included the acquisition and reduction of
compressor vibration data, analytical modeling of the rotor-bearing system, a
computer dynamic study and recommendations and implementation of machine
modifications.

COMPRESSOR OPERATIONAL HISTORY

The compressor of concern was a motor driven, overhung unit operated at
9,000 RPM through a speed increaser. This machine, one of five compressors
operated in series in the test facility, had been utilized in other
applications within the plant at speeds ranging from 7,200-7,800 RPM. While
the compressor was initially operated with plain journal bearings, preliminary
analytical studies had shown the likelihood of rotor stability problems.
Tilting-pad bearings had therefore been procured.

Presently operated by Martin Marietta Energy Systems for the U.S.
Department of Energy. At the time that this work was performed the
facility was operated by Union Carbide Corporation Nuclear Division.
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Initial operation of the compressor, with plain journal bearings was
characterized by high synchronous vibrations detected by accelerometers on the
bearing caps (Figure 1). Order tracking of the fundamental (running speed)
frequency suggested that the compressor was operating near a rotor critical
speed. Installation of a newly balanced rotor resulted in little operational
improvements. While bearing stability was not suspect since the vibration was
synchronous, the tilting-pad bearings were installed in the machine. It was
hoped that the stiffness characteristics of the tilting pad bearings would
differ enough from the plain journal bearings to shift the resonance above or
below the operating speed. Operation with these bearings, however, exhibited
more severe vibration than with the previous set as the resonance was
apparently brought closer to the running speed (Figure 2).

ANALYTICAL ROTOR DYNAMICS INVESTIGATION

Rotor Model Formulation

To more thoroughly investigate the rotor resonant condition, a computer
study of the system was performed. This required the development of a
suitable rotor model with representative bearing characteristics from which
the rotor-bearing dynamic characteristics could be determined, i.e., system
natural frequencies and damping characteristics.

The analytical rotor model was developed by dividing the rotor into
several axial elements. Element boundaries represented stations where
concentrated mass (e.g., rotor impeller), localized stiffness and damping
characteristics \e.g., bearing properties) and any gyroscopic effects could be
applied. The rotor was represented as a series of mass locations connected by
massless beam elements with specified boundary conditions. The compressor
rotor model utilized is shown in Figure 3. Station numbers are shown and the
locations of mass concentration, gyroscopic terms, and bearing properties are
noted.
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Figure 1

SYNCHRONOUS VIBRATION OF AC-12 CENTRIFUGAL COMPRESSOR WITH ORIGINALLY INSTALLED BEARINGS
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SYNCHRONOUS VIBRATION OF AC-12 CENTRIFUGAL COMPRESSOR WITH TILTING PAD BEARINGS
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Experimental modal analysis was used to evaluate the analytical model.
Utilizing a two-channel FFT frequency analyzer, vibration transducer
(accelerometer), and an impulse hammer, the rotor natural frequencies and mode
shapes were generated for the "free-free" rotor boundary condition through
impact testing. The "free-free" boundary condition, as the name suggests, is
in effect when no constraints, such as bearing supports, restrict rotor radial
motion. The rotor, with this boundary condition can be easily modeled
analytically. Experimental dynamic analyses can therefore be used to check
the accuracy of the analytical model. Modifications, if required, can then be
made to the suspect areas of the rotor model until the proper rotor dynamic
characteristics (frequency and mode shape) are obtained. After a suitable
model has been developed, representative bearing characteristics can be
included to determine the rotor dynamic characteristics under typical
compressor operating conditions.

Figure 4 shows the "free-free" natural frequencies and mode shapes
determined experimentally and those predicted by an initial and a refined
analytical compressor rotor model. The model producing the characteristics
shown at the top of Figure 4 provides the best match to the experimental
characteristics and was used in the subsequent analysis.

Bearing Dynamic Characterization

Bearing characteristics often play a significant role on the dynamic
performance of rotating machines. The contribution of the bearings to the
dynamic behavior of the rotor is due to the fluid film forces generated
between the rotor shaft and the bearing. These forces are generally expressed
as cross-coupled stiffness and damping coefficients. This type of
represntation makes it practical and convenient to include them in the rotor
analytical motel. Stiffness and damping coefficients are determined by
displacement and velocity pertibations of the journal at the equilibrium
position of the journal in the bearing. Thus, the stiffness and damping
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forces are a function of bearing geometry and operating conditions, and they
can be influenced by, and not limited to, such parameters as rotor-bearing
clearance, lubricant viscosity and rotor speed.

The bulk of the analytical rotor dynamic study was conducted with the
utilization of the tilting-pad bearing dynamic characteristics. While
unsatisfactory compressor vibration was observed with both tilting-pad and
plain journal bearings, it was determined that the system should be analyzed
and operated with tilting-pad bearings for the following reasons: (1)
tilting-pad bearings effectively suppress potentially dangerous bearing
instabilities, often observed with plain journal bearings (such as rotor
whirl) and (2) stiffness characteristics of the tilting-pad bearing are
physically altered more easily than those of the plain journal bearing should
such a modification be required.

Stiffness and damping coefficients of the tilting-pad bearings were
generated for a variety of clearance and preload values within the
manufacturer's specified tolerances. Since preload is a function of
rotor-bearing clearance characteristics, the actual preload of any particular
bearing depends on where, within the tolerance range, the clearance values
are. The coupling end bearing had a nominal preload of about 0.5. The actual
preload values, however, can vary from 0.1-0.7 if the bearing is within the
specified tolerances. With the strong dependency of bearing stiffness on
preload, it became evident that a wide variation in the dynamic
characteristics should be expected even for bearings meeting manufacturer's
specifications. Because of this expected variation, the actual bearings to be
used were dimensionally inspected and dynamic bearing characteristics were
computed based on this data.

The clearance for the coupling end bearing was within specification and
resulted in a bearing preload of approximately 0.6. Other bearings inspected
were not within specification. Some bearings actually had negative preloads.
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Computer Study Results

The bearing stiffness and damping characteristics were incorporated into
the analytical rotor model. Forced response and stability analyses confirmed

2
the presence of the critical spaed condition near 9,000 RPM .

Examination of the analytical mode shape showed significant rotor radial
motion at the bearings. This implied that the mode was sensitive to bearing
dynamic properties and a modification to these properties could, potentially,
shift the resonance out of the operating speed range. The coupling end
bearing was considered for potential modification as this bearing was
physically more accessible than the impeller end bearing.

The modification to increase the bearing clearance was made quite easily
because the rotor race at this bearing location was a removable sleeve keyed
to the main shaft. The sleeve was machined to provide the additional 0.001
in. radial clearance.

Analytically, it was shown that the one mil (0.001 in.) increase in the
radial bearing clearance would reduce the resonant frequency into the
5,000-6,000 RPM range. This resonance was a highly damped rigid body mode
with a damping ratio of 0.5 to O.*i. Similar results were obtained in runs
with tolerances staked such that L^aring clearance was maximized (and preload
minimized).

MODIFIED COMPRESSOR OPERATION

The modification made to the coupling end bearing successfully shifted
the resonance condition. Vibration levels were reduced from 2.3 to 0.04 g's
(Peak) on the coupling end bearing cap and from 1.0 g's tc 0.06 g's (Peak) on

0622J

The computer programs used in this analysis were developed by Franklin
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Rotating Machinery and Controls (ROMAC) Research Program.
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the impeller end bearing cap. Figure 5 shows the synchronous Vibration
characteristics ,of the impeller end bearing cap before and after the bearing
geometry modification. Figure 6 depicts the condition of the compressor
before and after the modification with respect to a typical vibration standard
used for rotating equipment at ORGDP.

The larger clearance for the coupling end bearing did result in a larger
than normal oil flow rate through the bearing and required Some modification
to the lubrication return line. Also, while bearing cap acceleration levels
were down significantly due to the modification, synchronous shaft
displacements were still approximately 2 mils on the coupling end bearing
apparently due to the larger clearance at this bearing.

Observations and Conclusions

As this case history demonstrates, bearing characteristics can be
optimized to improve rotor dynamic behavior. Bearing modification (or
preferably redesign) can be a viable option for correcting rotor critical
speed problems. Often the bearings are more accessible and alterable than
other resonant affecting rotor properties such as shaft mass distribution,
stiffness, or bearing span. This technique, however, is useful only if the
resonant mode is bearing dependent, i.e., bearing stiffnesses are on the same
order of magnitude as shaft stiffness. If such is the case, bearing stiffness
characteristics can, potentially, be altered enough to shift the resonant
condition.

It is apparent that for bearing with machined-in preload, the dynamic
characteristics (stiffness and damping properties) may vary significantly from
bearing to bearing even if specifications are met. Significantly strigent
specifications and inspection procedures should be maintained for critical
machines to insure proper dynamic performance.
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Of particular interest relative to initial machine operation was the lack
of any bearing instability associated with the plain journal bearing. The
high rotor speed and light bearing loads (especially for the coupling end
bearing) make this unit a prime candidate for sub-synchronous bearing
instabilities (often referred to as oil whirl). A stability analysis
predicted that the compressor (with plain journal bearings) will be unstalbe
about RPM. This appears to be an example of how unbalance (amplified at a

critical speed) can actually stabilize a normally unstable bearing. This
phenomena has been experimentally verified at the University of Virginia .

As mentioned, the plain journal bearings were not recommended for
permanent use in this compressor because (1) in the absence of the high
synchronous motion, * sub-synchronous bearing instability may well have been
present, and (2) the tilting pad bearings were much more conducive to a
stiffness modification to alleviate the critical speed condition.

Finally, this analysis demonstrates the usefulness of analytical modeling
methods for solving rotor dynamic problems. Adequate bearing
characterization, however, is essential. Overly simplistic support
assumptions would obviously have produced erroneous results in this case.
Also, where practical, experimental methods can be used to evaluate and modify
the analytical rotor model to better represent the real machine.
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