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ABSTRACT

      In this research study, in-tube condensation in the presence of air was investigated experimentally at a heat exchanger of countercurrent type for different operating conditions. The test matrix for steady state condition covers the range of; P=1.8(5.5 bars, Rev=45,000(94,000, and Xi=0(52%. The effect of air manifests itself by reduction in local heat flux and local heat transfer coefficient. The local heat transfer coefficient is inversely proportional to the local air mass fraction. Both local heat flux and heat transfer coefficient vary with system pressure and vapor mass flow rate. There is not any effect of inlet superheating on local heat flux. The film Reynolds number lies in the range of turbulent region. Two experiments simulating loss of coolant to the secondary side of condenser were performed for pure steam and air/steam mixture. These transients show that vapor suction rate, effective condensation length and overall heat transfer rate are the function of boil-off rate of coolant and air mass fraction.

1. INTRODUCTION


The condensation mode of heat transfer plays an important role for the passive heat removal applications in the current nuclear power plants and advanced water-cooled reactor systems. It is well established that the presence of non-condensable gases can greatly inhibit the condensation process due to build-up of non-condensable gas concentration at the liquid/gas interface. The isolation condenser of the passive containment cooling system (PCCS) of the simplified boiling water reactor (SBWR) is an example where in-tube condensation in the presence of non-condensable gases could be important. Non-condensable gas, existing in a heat exchanging system, leads to a significant reduction in the heat transfer rate during condensation. This effect is due to the boundary layer of gas and vapor forming next to the condensate layer and through which a gradient of pressure of gas and vapor develops. The build-up of non-condensable gas near the condensate film reduces the mass and energy transfer rate on the structure where condensation takes place.

The earliest experimental work on air/steam condensation that was undertaken by Othmer dates back to 1929 [1]. Othmer found that the heat transfer coefficient would decrease by 50% when as little as 0.5% air by volume was added to the steam chamber. Votta and Walker [2] performed experiments for forced convection flow down a vertical tube but only average results were presented. The work of Borishanskiy [3] dealt with the forced condensation of steam-nitrogen mixture in a vertical tube. Vierow and Schrock [4] conducted an experimental study using a 22.0 mm ID vertical tube in a natural circulation air/steam system. They found that at an air inlet mass fraction of 14%, heat transfer coefficients were reduced to one-seventh the values of pure steam. Instabilities were also observed at high air content. Siddique, Golay and Kazimi [5] used experimental apparatus of an open cooling water circuit and an open non-condensable gas/steam loop for forced convection condition. The condenser tube dimensions are 50.8 mm OD, 46.0 mm ID, and 2.54 m effective length. The local heat transfer coefficient depends strongly on the mixture Reynolds number, increasing as the Reynolds number increases. Kuhn, Schrock and Peterson [6] conducted an experimental study by using 3.37 m long seamless stainless steel tube with a 50.8 mm OD and 1.65 mm wall thickness for steam/air and steam/helium. 



An experimental study for the fundamental investigation of condensation in the presence of air was undertaken at the Middle East Technical University (METU) in the frame of a project supported by the Turkish Atomic Energy Authority and the International Atomic Energy Agency (Research Contract No: 8905/R0, CRP on Thermal-hydraulic Relationship for Advanced Water Cooled Reactors). The test matrix consists of steady state and transient conditions with different operating parameters.

2. DESCRIPTION OF THE METU CONDENSATION TEST FACILITY


The test facility, named as METU Condensation Test Facility (METU-CTF), was installed at the Mechanical Engineering Department of METU (7(. The experimental apparatus consisting of an open steam/gas system and an open cooling water system is depicted in the flow diagram of Fig. 1.
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Figure 1. The Flow Diagram of the METU-CTF
Steam is generated in a boiler (1.6 m high, 0.45 m ID) by using four immersion type sheathed electrical heaters. Three of these heaters have a nominal power of 10 kW each and the fourth one has a power of 7.5 kW, at 380 V. All heaters can be individually controlled by switching on or off. To ensure dry steam at the exit of the boiler, a mechanical separator directly connected to the exit nozzle was installed. However, electrical pre-heating with three heaters is also available at the entrance of the test section. The boiler tank was thermally insulated to reduce environmental heat loss. 


Compressed air can be supplied either to the boiler tank (directly to the water) or to the steam line via a nozzle (after the orifice meter) on the horizontal part of the pipe that connects the boiler and the test section. Preference was given to the first method, i.e. injection to the boiler, during most of the experimental runs since system behavior is more stable compared to the second method, when air mass flow rate is increased. Moreover, this method avoids local condensation and entrainment due to possible inadequate thermal control of incoming air. 


The pipe connecting the boiler tank and the test section has a length of approximately 2 m and an ID of 38.1 mm. The pipe was connected to the boiler tank via an isolation valve. This isolation valve is used to isolate the boiler until inside pressure of the tank is increased to a pre-determined level. The measurements performed on this part of the experimental facility are mass flow rate by a differential pressure transmitter and temperature. The pipe connecting the boiler and the test section was thermally insulated.

 
The test section is a heat exchanger of countercurrent type that is steam or steam/gas mixture flows downward inside the condenser tube (inner tube) and cooling water flows upward inside the jacket pipe (outer pipe). The condenser tube consists of a 2.15 m long seamless stainless steel tube with 33/39 mm ID/OD and is flanged at both ends with sealing materials. A pressure measurement port was located at the vertical part of the inlet pipe flanged to the condenser tube. A total of 13 holes (1.5 mm diameter) were drilled with an angle of 30( at different elevations along the condenser tube length to fix the thermocouples for inner wall temperature measurements. The distance between the inner wall and the tips of the thermocouples is approximately 0.5 mm. The outlet of the condenser tube is connected to a tank, which is used to keep the system pressure at a constant level. The measured parameters at the exit of the test section are pressure and temperature. The jacket pipe surrounding the condenser tube is made of sheet iron and has a length of 2.133 m and 81.2/89 mm ID/OD. A total of 15 holes (1.5 mm diameter) were drilled in radial direction at different elevations for installing the thermocouples used for cooling water temperature measurements. From these 15 thermocouples, 13 of them are at the same elevation of those used for inner wall temperature measurement. Two of them used for additional measurements at the same elevation but at a 180( offset orientation. The jacket pipe was thermally insulated to reduce environmental heat losses. Ten thermocouples were fixed to a 2 mm diameter guide wire and installed at the central position of the condenser tube for the central temperature measurements. 

3. EXPERIMENTAL TEST MATRIX AND EXPERIMENTAL PROCEDURE

The experimental test matrix (7( for steady-state condition consists of two parts: pure steam and air/steam mixture runs. It is to be noted that the mass flow rate measurement was performed by using a differential pressure transmitter (orifice meter) so that in some experimental runs, differential pressure, rather than mass flow rate, was set to an almost constant predetermined value while changing system pressure. This means, that the vapor mass flow rate increases as the system pressure increases. For comparison with corresponding pure vapor runs, system pressure and vapor mass flow rate in air/vapor mixture runs were kept close to those of pure steam runs. The reason of selecting vapor mass flow rate as a fixed parameter, rather than total mixture mass flow rate, in air/steam mixture runs is to fix the amount of vapor at the entrance of the test section to be able to make better comparison with the data of pure steam runs and to understand inhibiting effect of air. Some additional experiments [8], however, were performed by using same vapor flow rate and different system pressure, to observe the effect of system pressure on condensation process. Besides these, some experiments were repeated by keeping total mixture mass flow rate same as the mass flow rate of corresponding pure steam run while varying the air quality only [8]. Repeating certain experiments by turning off the pre-heaters checked the effect of inlet superheating. In all experiments, including the transient case, the cooling water mass flow rate was kept nearly the same, i.e. ~0.2 kg/s.

Monitoring the system parameters, i.e. temperature, pressure, and flow rate, on computer via a data acquisition system, performed the control of the steady-state conditions. Data were recorded with one-second intervals approximately for a two minutes period. 

The transient case was performed with 10 kW constant power and the exit part of the condenser tube was closed to trap pure steam or air /steam mixture inside the tube. The cooling water was turned off after the steady-state period (100 s). The data recording for transient case lasted 1100 s, including steady-state period, with intervals of one second. The system pressure was recorded for 10 s intervals. 

4. EXPERIMENTAL RESULTS AND DISCUSSION FOR STEADY STATE CASE
4.1. Temperature Distribution


The background information, which is needed to understand the condensation heat transfer for pure vapor and air/vapor mixture can be briefly described as follows: Condensation is defined as the removal of heat from a system in such a manner that vapor is converted into liquid. This may happen when vapor is cooled sufficiently below the saturation temperature to induce the nucleation of droplets. Such nucleation may occur heterogeneously on the walls of the system, which can occur in two forms: drop-wise and film-wise. The heat power exchanged by film-wise condensation mechanism can be characterized as a function of temperature difference of bulk and wall, total vapor pressure, surface characteristics, velocity field and non-condensable gas mass fraction. The presence of even a small quantity of non-condensable gas in the condensing vapor has a profound influence on the resistance to heat transfer in the region of the liquid-vapor interface. The sub-cooling of the tube inner wall provides a driving force for steam condensation. However gas mixed with vapor can directly affect the wall sub-cooling degree and hence the condensation rate. Since the non-condensable gas can not pass into the liquid film formed next to inner wall, it accumulates at the liquid-vapor interface. By this mechanism a gas-vapor diffusion layer is formed through which steam must pass by diffusion and convection to be condensed. The accumulation of gas near the liquid-vapor interface leads reduction of interface saturation temperature below that of bulk. While the liquid film causes the main resistance to condensation in pure steam condensation, the gas-vapor layer becomes the main resistance (diffusion resistance) to condensation in case of gas/vapor mixture. The resistance of condensing film is diminished under forced convection conditions because of thinning, waviness and early transition to turbulent film flow. In addition to this, higher non-condensable gas mass fractions may lead to dominancy of diffusion resistance at the gas-vapor boundary layer. 

Temperature measurements were performed at three different locations in the radial direction of the test section [7]: at the centerline and inner wall of the condenser tube, and at the annulus of the jacket pipe. The centerline temperature simply gives the information for the state of vapor, flowing downward, along with the system pressure measured at the inlet of the test section. The temperature measurement in the jacket pipe, on the other hand, enables the prediction of the local heat flux distribution inside the condenser tube. When air/vapor mixture flows inside the condenser tube, the centerline temperatures indicate the existence of air at the core of the condenser tube since the vapor temperature is lower than that of saturation due to partial pressure of vapor that decreases with increasing air mass fraction of air, as Gibbs-Dalton Law states [9]. Measured inner wall temperature values also indicate the effect of the presence of air, i.e. higher the air mass fraction, lower the inner wall temperatures. 

Air, presumably mixed with vapor homogeneously at the entrance of the test section, tends to accumulate at the interface of liquid film and air/vapor mixture that, consequently, causes a corresponding reduction of partial pressure of vapor at the interface [10]. In turn, this reduces the saturation temperature at which condensation takes place. The net effect is to lower the effective thermal driving force thereby reducing the heat transfer rate. As described above, the accumulation of air at the interface is the principal reason for the mass diffusion resistance in radial direction that causes lower condensation rates. The mechanism of air accumulation at the interface of air/vapor and liquid film can be explained on the following physical grounds: Vapor that is to be condensed is carried towards the wall of the condenser tube and it also carries with it some amount of air. Since the condensate film is impermeable to air, it must be removed from the interface at the same rate as it arrives, at steady state conditions. However, the rate of diffusive flow depends on the concentration gradient and sufficient amount of gas should be accumulated at the interface to sustain the balance between the convective inflow and diffusive back-flow. 


To demonstrate the effect of presence of air on condensation process, the differential temperature profiles for the system pressure of 3 bars, are presented in Figs. 2(3. The air mass fraction values in these figures are 10%, 19%, 28% and 42%, respectively. In Fig. 2, the ratio of temperature difference (Tc–Tw), for pure vapor and air/vapor mixture, is presented. It is important to note that the central temperature inside the condenser tube was predicted from the Gibbs-Dalton Law, by using calculated local air mass fraction from the energy balance, since the measured central temperatures are lower than those of predicted. This can be attributed to the sub-cooling of centerline possibly due to detachment of liquid droplets from condensate film towards centerline of the tube as reported in [11]. The results in Fig. 2 clearly show that the ratio of (Tc–Tw) remains almost constant along the channel while it increases as the air mass fraction decreases. This simply indicates that (Tc–Tw) is lowest for pure vapor case while it increases by air mass fraction, yielding smaller ratio. The reason of increase in suppression of dT ratio by Xi lies in the fact that the measured inner wall temperatures are decreased by the presence of air due to accumulated air at the interface next to the inner wall. The suppression of inner wall temperature is more than that of vapor temperature at the centerline, as air mass fraction increases.
The situation is relatively different when the temperature difference between centerline and coolant (Tc–Tcw) is concerned (Fig. 3). The potential difference across the heat exchanger is almost same in pure vapor and air/vapor mixture cases. However, (Tc–Tcw) is slightly higher in pure vapor, compared to air/steam mixture cases, yielding temperature difference ratio above unity in about 70% of tube length towards exit. This result shows that suppression of centerline temperature for mixture cases dominates to corresponding decrease of local coolant temperature. The increase of the ratio along the axial direction of the condenser (in the direction of vapor flow) indicates an increasing effect of air on suppression of local vapor temperature at the centerline. The suppression of centerline temperature is more pronounced for the case of Xi=42% and the local temperature difference ratio reaches up to 1.12, at the exit of the condenser. This trend, however, reverses at the entrance of the tube. Since the heat exchanger is of counter current type, suppression of the local coolant temperature for Xi>0 is more than that of the centerline temperature, yielding the ratio below unity in all cases. It is to be noted that the suppression of the centerline temperature at 1 m axial location, compared to the pure vapor case, increases almost linearly by air mass fraction, i.e. 2.7(C, 5.6(C, 8.5(C and 14.4(C, for Xi=10%, 19%, 28% and 42%, respectively. 
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 Figure 2. Temperature Difference between Centerline and Inner Wall (Pn=3 bars)
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Figure 3. Temperature Difference between Centerline and Coolant (Pn=3 bars)

Two experiments at 4 bars were repeated with reduced vapor Reynolds number, i.e. Rev= 61,000 and 48,000 for Xi of 23% and 40%, respectively, which corresponds to the cases with Xi of 27% and 37%, and Rev of 86,000 and 64,000. The comparison have yielded closer results with respect to inner wall temperature and hence wall sub-cooling. This shows that there is not any considerable effect of vapor flow rate on inner wall temperature in these experiments for the same system pressure and air mass fraction in spite of the fact that higher vapor flow rate could perturb air/vapor boundary layer.

  
4.2. Heat Flux Distribution
The local axial temperature gradient (dTcw/dx) was computed from an exponential fit of the measured coolant temperature as a function of axial distance, and the local heat flux was determined from:
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The heat flux distributions for experimental runs corresponding to Pn=3 and 4 bars are presented in Figs. 4(5. These figures include the data of pure vapor and air/vapor mixture cases with different inlet air mass fractions. There are two major conclusions that can be drawn from these figures: First, the local heat flux drastically decreases as inlet air mass fraction increases for the same pressure setting and second, the performance of the condenser considerably decreases towards the exit of the condenser due to increase of local air mass fraction. The aforementioned first concluding remark is the evidence for how some amount of air, mixed with vapor, degrades the overall performance of the condenser while the second shows the axial dependency of the condenser performance on local air mass fraction. The suppression of local heat flux (at the axial location of 1 m from top) for 3 bars is calculated as; 23%, 24%, 30% and 48%, for inlet air mass fraction of 10%, 19%, 28% and 42%, respectively. The vapor Reynolds number for the case of Xi=42% is much lower (54,000) than those of other runs with smaller and zero air mass fractions (67,000–78,000). In runs with Xi < 42% the vapor mass flow rate is kept almost same as that of pure vapor case, as explained in Section 3.

 The suppression of local heat flux (at the axial location of 1 m from top) for 4 bars is calculated as; 22%, 24%, 28%, 37% and 44% for inlet air mass fraction of 10%, 19%, 27%, 37% and 52%, respectively. The case with Xi=52% is a limiting case in the test matrix since vapor Reynolds number is lowest amongst other runs in the test matrix. The vapor Reynolds number for the case of Xi=52% is calculated to be 45,000 whereas it is between 64,000 and 86,000 for other runs, including the pure vapor case. Another point to be emphasized from the observation made for Figs. 4(5 is that the heat flux values corresponding to the air/vapor mixture get closer to those of pure vapor towards the bottom of the condenser tube due to diminishing condensation rate as the result of dominating film and diffusion resistances. 
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Figure 4. Heat Flux Distribution along the Condenser Tube (Pn= 3 bars)
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Figure 5. Heat Flux Distribution along the Condenser Tube (Pn= 4 bars)

It is observed that the system pressure affects the local heat flux and this can be attributed to an increase in wall sub-cooling (dTw= Tc–Tw) that enhances thermal driving force for heat transfer. Moreover, higher system pressure associated with the higher inlet temperature leads to a greater number of molecular collisions helping in the diffusive transport of energy. However, dependency of dTw on system pressure, for air/vapor mixture cases with higher air mass fractions, is observed to be relatively weaker than the pure vapor cases, as discussed in previous section for Xi=42%. This implies that the existence of air could minimize the effect of system pressure on wall sub-cooling. The situation is rather different in pure vapor runs; increase in system pressure has a strong effect on enhancement of the wall sub-cooling. In Fig. 6, the local heat flux for pure vapor case as the function of system pressure is presented. The local heat flux (at 1 m from top) increases from 100 kW/m2 to 175 kW/m2 as the system pressure increases from 1.8 bars to 5.5 bars. The case with P=1.9 bars and Rev=77,000, in Fig. 6, corresponds to the case with P=4 bars and Rev=77,000 as reference to see the effect of pressure only. The net effect of pressure increase by 2.1 bars is an increase of the local heat flux of about 100% at the entrance region of the tube and 75% at the mid elevation.

 Since vapor mass flow rate increases along with the system pressure in the test matrix, the Reynolds number of vapor at the entrance is also given in Fig. 6. It is interesting to note that increase in vapor flow rate, in pure vapor run, yields lower heat flux at the same system pressure, due to shorter contact time of vapor on inner wall of the condenser tube. This is a pronounced effect in experiments performed at the METU-CTF since the velocity of vapor is as high as 14-20 m/s. An increase in Rev by 40% has yielded a maximum decrease in local heat flux of about 29%.
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Figure 6. Effect of System Pressure and Vapor Mass Flow Rate for Pure Vapor Case

 The local heat flux for air/vapor mixture case is shown in Fig. 7. This figure includes the runs for nominal air mass fraction of 20% with the pressure of 2, 2.9 and 3.9 bars, respectively. As in the case of pure vapor, the vapor mass flow rate increases with system pressure so that Rev is given for each run. The local heat flux (at 1 m from top) increases from 75 kW/m2 to 105 kW/m2 as the system pressure increase from 2 bars to 3.9 bars along with an increase of Rev about 39%. 

Although the system pressure is almost same (P(4 bars) in two runs (Xi~20%) given in Fig. 7, an increase in Rev by 30% has yielded an increase in local heat flux of about 37% at the tube entrance and 26% at the mid-tube location. Almost the same percent increase of the local heat flux was found for higher air mass fraction (Xi~40%), as the result of similar percent increase of Rev . This identifies vapor Reynolds number as one of the important parameters in condensation process. Similar finding has reported by Siddique, Golay and Kazimi for the effect of mixture Reynolds number [5]. The data of University of California, Berkeley (UCB) show that the local heat flux can increase as high as 50% when Rev is doubled, at P=3 bars and Xi=20%. The augmentation of heat transfer by increase in vapor mass flow rate can primarily be attributed to thinning of gas/vapor boundary layer along with decreasing resistance of film. 
Although not shown in these figures, the experiments performed for capturing the net effect of pressure show that a pressure increase from 3 to 3.8 bars, with an almost same Rev, could augment the local heat transfer by 17% for Xi=20%. Moreover, it is observed from Fig. 7 that the data of the Massachusetts Institute of Technology (MIT) exhibits steeper trend along the tube than that of the METU-CTF data, which may be attributed to the lower coolant Reynolds number (Rel(700) in jacket pipe, compared to that of METU-CTF (Rel(2500). However the data of UCB is in parallel to that of the METU-CTF since the coolant mass flow rate and corresponding Reynolds number are relatively closer. It is clearly seen that the METU-CTF data (Rev = 61,000) are about 40% higher than that of UCB, as the result of higher Rev of about 118%. The coolant mass flow rate and hence coolant Reynolds number is an important parameter for condensation heat transfer experiments, however, it is out of scope of the present paper. The research group on condensation at the METU performed an extensive research on the effect of coolant mass flow rate and more information could be found in [12]. 
The result of local heat flux, calculated by the RELAP5 computer code, for the PANDA integral test facility is presented in Fig. 7 to illustrate the behavior of an isolation condenser of a PCCS. The result is taken from the 42nd International Standard Problem Exercise of the OECD Nuclear Energy Agency [13]. The PANDA test facility represents the SBWR design with 1:40 volumetric and power scale, and full scale for time and thermodynamic state. The result presented corresponds to system heat-up and pressurization due to evaporation in the reactor core and weak heat removal rate from PCC heat exchangers as the result of high air accumulation in tubes. The mixture Reynolds number is much lower than experiments performed at the METU-CTF, MIT and UCB. The local heat flux is predicted to be 20% of the METU-CTF data with reduced Rev of 10%. The performance of PCCS also depends on timing and capacity of venting of air from condenser tubes. 
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Figure 7.  Effect of System Pressure and Vapor Mass Flow Rate for Air/Vapor Mixture Case


The effect of inlet superheating of steam was checked by repeating some experiments with zero superheat; for Pn=2 bars (Xi=0% and 13%), Pn=3 bars (Xi=0%), and Pn=4 bars (Xi=0%, 11%, 28% and 41%). The absolute deviation of local heat flux without superheating as compared to those with superheating is less than 10%, which falls into the uncertainty band of heat flux ((11%) [7, 8]. Hence it could be concluded that inlet superheating has not any influence on local heat flux values for pure vapor and air/vapor mixture experiments. This argument is in agreement with the findings of Minkowycz and Sparrow [14] for pure vapor condensation. However, they found that superheating might be an important factor for condensation with non-condensable gas, for conditions with high pressure, high superheating degree, small wall sub-cooling degree, and low gas mass fraction. Since METU-CTF experiments were performed with higher wall sub-cooling degree (dTw>25°C) and lower superheating degree (dT<35°C), along with higher air mass fraction (Xi>10%), compared to the mentioned theoretical study, the effect of superheating on increase in local heat flux was not observed.

4.3. The Heat Transfer Coefficient

The local heat transfer coefficient (HTC) inside the condenser tube was obtained from the following relation:
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In this equation, h(x) is the local total heat transfer coefficient incorporating the effects of condensation and convection. The total thermal resistance that is the combination in series of gas and liquid phases, neglecting radiation contribution to heat transmission, is obtained by summing said effects of condensation and convection. Since the rate of heat transfer across the interface that is by sensible heat transfer and latent heat giving by condensing vapor must be equal to the rate of heat transfer to the tube wall in steady-state, it ends up with the equation for total HTC [15] given by
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The centerline (vapor or air/vapor mixture) temperature expressed by Eqn. 2 is calculated from the Gibbs-Dalton Law due to sub-cooling in measured centerline temperature possibly due to detachment of liquid droplets from the film. The uncertainty band of HTC is (24% [7, 8].

The local HTCs corresponding to 3 and 4 bars system pressure are given in Figs. 8(9, respectively. It is clearly seen from these figures that increase of inlet air mass fraction results in decrease of local HTCs, as expected, and this is mainly governed by the local heat flux and inner wall temperature, as discussed in previous sections. Since the suppression of inner wall temperature due to existence of air is more dominant than that of centerline vapor temperature, the increase of air mass fraction results in increase in wall sub-cooling that contributes to the decrease of HTC along with the decrease in local heat flux. The reduction of local mixture HTC based on local pure vapor HTC at the middle of the condenser (1 m from top) is as follows: at 3 bars; 37% and 89% for Xi=10% and 42%, respectively and at 4 bars; 40% and 79% for Xi=10% and 52%, respectively. 
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Figure 8. Local Heat Transfer Coefficient for Pn=3 bars
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Figure 9. Local Heat Transfer Coefficient for Pn=4 bars

The local HTC versus air mass fraction for the system pressure of 3 bars is presented in Fig. 10. The local HTCs decrease towards the exit of the condenser in all runs due to dominating resistance of air on diffusion of vapor in the air/vapor boundary layer as the result of increase of local air mass fraction along the channel. The local HTC is the linear function of the local air mass fraction. However, the variation of the local HTC, between entrance and exit of the condenser tube, exhibits a considerable difference with respect to inlet air mass fraction.  The decrease of local HTC diminishes, as the inlet air mass fraction increases, along with the change of slope. In Fig. 10 the data of the experiment with higher system pressure (P=4.4 bars) is also given to see the effect of system pressure on the local HTCs. When this data are compared with the case of 3 bars (Xi and Rev are almost same) one important conclusion can be drawn; the local HTCs are improved especially in region towards the entrance of the condenser, as system pressure is increased.
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Figure 10. Local Heat Transfer Coefficient versus Air Mass Fraction

Maximum percent increase of HTC for the nominal system pressure of 4 bars is about 20% for both Xi of 20% and 40%, as the result of ~30% increase of Rev. Theoretical studies and experimental data of MIT [5, 16] also indicate a strong dependence of the HTC on the mixture Reynolds number. For the system pressure of 4 bars, they found about 100% increase of local HTC for about 100% increase of Rev, at 20% inlet air mass fraction. Moreover, it observed that the MIT data for the HTC exhibits steeper trend along the tube than that of the METU-CTF data, which may be attributed to the lower coolant Reynolds number as explained in previous section. Kuhn, Schrock and Peterson has reported [6] similar results for the dependency of local HTC on Rev, for example, for an increase of Rev of about 100% results in about 145% increase in local HTC (at the mid elevation) for 3 bars and 20% inlet air mass fraction.

4.4. Condensate Film Reynolds Number

When there is a sufficient amount of condensate flow, turbulence may appear in the condensate film that results in higher heat transfer rates. The criterion for determining whether the flow is laminar or turbulent is the film Reynolds number, and for the condensation system it is defined as
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As the condensate layer thickness increases it can undergo a transition from laminar to turbulent flow. McAdams [17] suggests that transition occurs at a condensate Reynolds number of 1800 where the Reynolds number is defined in Eqn. 4. At high values of the shear stress, however, Carpenter and Colburn [18] found transition values as low as 200 to 300 [19].  Since Reynolds number of vapor is ranging from ~45,000 to ~94,000 in the experiments conducted at the METU-CTF, the values of the film Reynolds number (Ref) as given by Carpenter and Colburn (Ref ~200-300) are applicable for transition from laminar to turbulent flow. The sectional condensate flow rate was obtained from a section wise steady state heat balance and, then, the local condensate flow rate ([image: image16.wmf]&

m

cond

) was calculated by summing up the incremental values up to that point. The local values of Ref were calculated and the results are presented in Fig. 11 for system pressures of 3 bars. As can be observed from these figures, the Ref falls in the range of turbulent region for all experimental runs, after the axial position of 0.25 m.
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Figure 11. Condensate Film Reynolds Number Along the Condense Tube (Pn=3 bar)

Two general remarks can be given concerning Ref as the function of air mass fraction and system pressure: First, the film Reynolds number decreases as air mass fraction increases at the same system pressure setting, as expected, due to marked decrease in condensation heat transfer rate which in turn reduces the local condensate accumulation rate. Second, the local film Reynolds number is increased by system pressure. 

5. EXPERIMENTAL RESULTS AND DISCUSSION FOR TRANSIENT CASE

The experimental investigation of steam condensation in case of loss of feed-water imposes a special case since boil-off rate directly affects condensation process inside a condenser tube. The motivation for this special case comes from the analysis [20, 21] of the experiment concerning loss of residual heat removal system during reduced coolant inventory operation with inactive steam generators, performed for the UMCP 2X4 integral test loop [22, 23]. The first phase of this type of analysis comprises the boiler-condenser mode (BCM) of operation during which steam generator is active. However when the steam generator becomes inactive due to loss of feed-water (LFW) to the secondary side (second phase), heat transfer from primary to secondary side that is mainly by condensation degrades and system pressure escalates. To address the issue outlined here, two experiments were performed at the METU-CTF, including BCM and LFW phases. 


As mentioned in Sect. 3, the power of the heaters in boiler tank was set to 10 kW throughout the whole test period and the exit part of the condenser tube (primary side) was closed. A steady-state condition could be reached for BCM in pure vapor case; however the BCM represents a quasi-steady condition for air/vapor mixture case. The time dependent pressure trends are presented in Fig. 12. The pressure increase upon loss of coolant is almost linear by time and the rate of increase is about 0.6 mbar/s, for both cases. The Rev was predicted to be between 50,000 (top position) and 25,000 (bottom position) for pure vapor case during BCM whereas the mass flow rate was far below the measuring limit (Rev<40,000) of the orifice meter for air/vapor mixture case. This shows that the vapor was sucked into the condenser tube due to condensation in BCM and the rate of suction drops considerably when some amount of air is trapped in the condenser tube. However, the vapor flow rate rapidly decreases during transient as the result of diminishing heat transfer rate and falls below the measuring limit of the orifice meter even for pure vapor case. It is clear that the rate of vapor suction is the function of condensation rate and hence a comparison of total heat transfer rates in cases with air and without air could be a good evidence; during BCM mode of operation in pure vapor case the total heat transfer rate is 19 kW which is as twice as that of air/vapor mixture case, that is 8 kW. 

The temperature of coolant in jacket pipe is presented in Fig. 13, for pure vapor case. It is clearly seen that at 200 s the bulk temperature of coolant reaches to 100(C at the exit. When time progresses to 600 s, about 25% of the coolant channel becomes full of saturated vapor and this remains unchanged till 1100 s. The similarity of coolant temperature profiles at 600 s and 1100 s implies that the heat transfer rate in radial direction and its axial dependency does not change considerably due to diminishing condensation heat transfer from the primary side. The governing parameter for this occurrence is the effective condensation length that gets smaller as coolant mixture level drops in secondary side. Since vapor in primary side was trapped inside the tube, it is likely to have a liquid accumulation at the bottom of the tube from the beginning of the experiment, which then further decreases the effective condensation length. 


The temperature profile of coolant in jacket pipe is presented in Fig. 14, for air/vapor mixture transient case. The active condensation length is considerable shortened by the presence of air, as indicated by coolant temperature profiles, compared to the pure vapor case. It is interesting to note that the effective condensation length is about 0.75 m from top for steady state and the coolant temperature is almost constant, i.e. (15(C, at the rest of the channel downward. The trend at the pure vapor case (Fig. 13) is completely different and coolant temperature drops to 15(C at the end of the channel (about 2 m). During transient, the boil-off rate at the jacket pipe is considerable decreased as compared to the pure vapor case, due to presence of air inside the condenser tube. This is clearly seen in Fig. 14 from the temperature trends for 600 and 1100 s, that only the 12% of the channel is saturated. The temperature drop rate is also steeper in air/vapor mixture case. Hence, the effective condensation length is affected by two factors: drop of coolant mixture level due to boil-off and increased diffusion resistance of air towards bottom of the condenser tube. 
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Figure 12. System Pressure for Loss of Coolant Transient
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Figure 13. Coolant Temperature Profile for Loss of Coolant Transient (Pure Vapor)
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Figure 14. Coolant Temperature Profile for Loss of Coolant Transient 

            (Air/Vapor Mixture)

6. CONCLUSIONS


The experimental investigation of condensation in the presence of air yielded the following conclusions [24]:
(1) When pure vapor runs are considered as the reference for comparison, first indicator of effect of air is the remarkable decrease in centerline and inner wall temperatures. The suppression of centerline temperature increases by air mass fraction and ranges 2–27(C. The decrease in inner wall temperature by increase of air mass fraction can be explained by diffusion mechanism at the air/vapor boundary layer. The decrease of partial pressure and corresponding saturation temperature of vapor at the air/vapor and liquid interface is followed by the decrease of inner wall temperature. Since the main driving potential for heat exchange mechanism relies on temperature difference between interface and inner wall, the suppression of inner wall temperature is an important indicator for decrease in condenser performance. 

(2) The dependency of wall sub-cooling degree on system pressure is such that it increases by pressure, for pure vapor and mixture cases. Moreover the wall sub-cooling degree increases by air mass fraction due to suppression of inner wall temperature. The decrease of inner wall temperature is more dominant than the decrease of vapor temperature at the centerline, as air mass fraction increases.
(3) Even at the lowest inlet mass fraction of 10% the decrease in heat flux at the middle of the condenser is as high as 23% while it reaches up to about 48% when the air mass fraction is increased to about 42%. The heat flux strongly depends on system pressure for both pure vapor and air/vapor mixture cases.

(4) The heat flux varies as the function of Rev. For pure vapor case, an increase in Rev by 40% has yielded a maximum decrease in local heat flux of 29%. The situation reverses for air/vapor case: an increase in Rev by ~30% has yielded an increase in local heat flux of ~35%, for 20% and 40% inlet air mass fractions.

(5) The experiments performed by zero superheating at the entrance of the test section showed that there is not any considerable effect of steam superheating on local heat flux.
(6) The suppression of HTC ranges from 37% to 89%, depending on the air mass fraction and system pressure. The results show that the local HTC decreases towards the exit of the condenser in all runs due to dominating resistance of air in the air/vapor boundary layer. The HTC is inversely proportional to the local air mass fraction. HTC increases by 20% as the result of ~30% increase of Rev for both 20% and 40% inlet air mass fractions.

(7) The film Reynolds number (Ref), which falls in turbulent region for all experimental runs, decreases as air mass fraction increases, at the same system pressure setting, due to marked decrease in condensation heat transfer rate which in turn reduces the local condensate accumulation rate. Besides this, Ref is the function of system pressure; it increases by pressure due to dependency of film Ref on heat flux. 
(8) The pressure increase upon loss of coolant transient is almost linear by time. The rate of increase is ~0.6 mbar/s, for both pure vapor and air/vapor mixture cases. Vapor suction rate during BCM decreases considerably when some amount of air is trapped in the condenser tube prior to the start of experiment. The effective condensation length is the function of boil-off rate of coolant and air mass fraction in condenser tube. Overall heat transfer rate is suppressed in transient with air/vapor mixture which results in less boil-off rate in the secondary side of the condenser, compared to the corresponding pure vapor transient.
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8. NOMENCLATURE

cp

Specific heat at constant pressure, J/kg (C

d, 

Diameter of condenser tube, m

dT       Temperature difference, (C

h

Convective heat transfer coefficient, W/m2 K

HTC
Heat transfer coefficient, W/m2 K
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m



Mass flow rate, kg/s

P

Pressure, bar

q(

Heat flux, W/m2

Re

Reynolds number, dimensionless

T

Temperature, (C

t 

Time (s)

x

Axial distance, m

X

Non-condensable gas quality, dimensionless

(

Dynamic viscosity, kg/m s

Subscripts

c

Centerline for T
cond
Condensation

cw

Cooling water in jacket pipe
f

Film

g         Gas phase

i

Inlet, inner

l          Liquid phase

n

Nominal

v

Vapor phase

w

Inner wall for T
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